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UNIT I STEADY STRESSES AND VARIABLE STRESSES IN MACHINE MEMBERS

mechanical properties - Preferred numbers, fits and tolerances - Direct, Bending and torsional stress
equations - Impact and shock loading - calculation of principle stresses for various load combinations,
eccentric loading - curved beams - crane hook and ‘C’ frame- Factor of safety - theories of failure - Design
based on strength and stiffness - stress concentration - Design for variable loading.

UNIT II SHAFTS AND COUPLINGS

Design of solid and hollow shafts based on strength, rigidity and critical speed - Keys, keyways and splines
- Rigid and flexible couplings.

UNIT III TEMPORARY AND PERMANENT JOINTS

Threaded fastners - Bolted joints including eccentric loading, Knuckle joints, Cotter joints - Welded joints,
riveted joints for structures - theory of bonded joints.

UNIT IV ENERGY STORING ELEMENTS AND ENGINE COMPONENTS

Various types of springs, optimization of helical springs - rubber springs - Flywheels considering stresses
in rims and arms for engines and punching machines- Connecting Rods and crank shafts.

UNIT V BEARINGS

Sliding contact and rolling contact bearings - Hydrodynamic journal bearings, Sommerfeld Number,
Raimondi and Boyd graphs, -- Selection of Rolling Contact bearings.
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OBJECTIVES
* To familiarize the various steps involved in the Design
Process

* To understand the principles involved in evaluating the
shape and dimensions of a component to satisfy
functional and strength requirements.

* To learn to use standard practices and standard data

*To learn to use catalogues and standard machine
components
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UNIT I - STEADY STRESSES AND VARIABLE STRESSESQE
IN MACHINE MEMBERS

Introduction to the design process - factors influencing
machine design, selection of materials based on
mechanical properties - Preferred numbers, fits and
tolerances - Direct, Bending and torsional stress equations
- Impact and shock loading - calculation of principle
stresses for various load combinations, eccentric loading -
curved beams - crane hook and ‘C’ frame- Factor of safety
- theories of failure - Design based on strength and
stiffness - stress concentration - Design for variable
loading.

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



INTRODUCTION

@Eia
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e Machine Design is the creation of new and better
machines and improving the existing ones

* The process of design is a long and time consuming one

* A new or better machine is one which is more economical
in the overall cost of production and operation.

*It is necessary to have a good knowledge of many
subjects such as Mathematics, Engineering Mechanics,
Strength of Materials, Theory of Machines, Workshop
Processes and Engineering Drawing
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Classifications of Machine Design

1. Adaptive design. Designer's work is concerned w1th
adaptation of existing designs. The designer makes minor
alternation or modification in the existing designs of the
product.

2. Development design. This type of design needs
considerable scientific training and design ability in order
to modify the existing designs into a new idea. In this case,
though the designer starts from the existing design, but
the final product may differ quite markedly from the
original product.
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creative thlnklng
(a) Rational design. This type of design depends upon mathematical formulae of
principle of mechanics.

(b) Empirical design. This type of design depends upon empirical formulae based on
the practice and past experience.

(¢) Industrial design. This type of design depends upon the production aspects to
manufacture any machine component in the industry.

(d) Optimum design. It is the best design for the given objective function under the
specified constraints. It may be achieved by minimizing the undesirable effects.

(e) System design. It is the design of any complex mechanical system like a motor
car.

(f) Element design. It is the design of any element of the mechanical system like
piston, crankshaft, connecting rod, etc.

(g) Computer aided design. This type of design depends upon the use of computer
systems to assist in the creation, modification, analysis and optimization of a design.
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General Considerations in Machine Design
* Type of load and stresses caused by the load.
* Motion of the parts or kinematics of the machine
* Selection of materials

* Form and size of the parts

* Frictional resistance and lubrication

* Convenient and economical features

* Use of standard parts

* Safety of operation

* Workshop facilities

 Number of machines to be manufactured

* Cost of construction

* Assembling
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PROCEDURE OF

Market survey Need or Aim
MACHINE DESIGN [ 8 )
( Define Specifications of Product ) Synthesis (Mechanisms)
Study Alternative Mechanisms for Product Analysis of forces
and
Select Proper Mechanism
! ! Material selection
[ Prepare General Layout of Configuration :
and Design of elements
Select Joining Methods between (Size and siresses)

Individuai Components of Product

‘J\_} ) Modification

( Design Individual Components |
{} s s Detailed drawing
Prepare Assembly and Detail Drawings
and :
Maodify Drawings after Testing Prototype Model Production
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DESIGN PROCEDURE OF MACHINE ELEMENTS

[ Specify Functions of Element |

[ Determine Forces Mm on Element |

[ Select Suitable Material for Element )

g

( Determine Failure Mode of Element j

[ Determine Geometric Dimensions of Element J

and
Check Design at Critical Cross-sections

0

( Prepare Working Drawing of Element |

[ Modify Dimensions for Assembly and Manufacture ]

STRENGTH

RIGIDITY

WEAR RESISTANCE
MINIMUM DIMENSION AND
WEIGHT
MANUFACTURABILITY
SAFETY

CONFORMANCE TO STANDARDS
RELIABILITY
MAINTAINABILITY
MINIMUM LIFE CYCLE COST
APPEARANCE
ERGONOMICS

OVERALL COST
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STANDARDS USED IN ENGINEERING DESIGN
* STANDARDS FOR MATERIALS

* STANDARDS FOR SHAPE AND DIMENSION
 STANDARDS FOR FITS AND TOLERANCE

* STANDARDS FOR TESTING

* STANDARDS FOR ENGINEERING DRAWING

TYPES OF STANDARD

* COMPANY STANDARD

* NATIONAL STANDARD
 INTERNATIONAL STANDARD
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SELECTION OF MATERIALS IN DESIGN

* The knowledge of materials and their properties is of
great significance for a design engineer.

* The machine elements should be made of such a material
which has properties suitable for the conditions of
operation.

* The best material is one which serve the desired
objective at the minimum cost.
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ENGINEERING MATERIALS

a) Metals

b) Non-metals

Metals:

Ferrous - Which contains iron as the major constituent
Ex. Steel, Cast Iron

Non-ferrous - Materials don't contains Iron.
Ex. Copper, Aluminium

Non-Metals:

(i) Ceramic materials - oxides, carbides and nitrides of various metals. Ex.
Glass, Brick, Concrete, Cement etc.

(ii) Organic materials - Polymeric materials composed of carbon

compounds. Ex: Paper, fuel, rubber, paints, etc.
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FACTORS TO BE CONSIDERED FOR THE SELECTION OF (/3

. Availability

Quantity required

Size

Cost

Space Consideration
Physical properties
Mechanical Properties
Manufacturing process

MATERIALS

’}‘14_ = 90‘3'0“
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Physical properties

* Density

* Colour

* Electrical conductivity
* Thermal conductivity
* Size

* Shape
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MECHANICAL PROPERTIES

Strength - ability to resist external forces
Stiffness - ability to resist deformation under stress
Elasticity = property to regain its original shape
Plasticity = property which retains the deformation produced under load
Ductility = property of a material to be drawn into wire form with using tensile
force
Brittleness - property of breaking a material without any deformation
Malleability - property of a material to be rolled or hammered into thin sheets
Toughness - property to resist fracture under impact load
Machinability = property of a material to be cut
Resilience - property of a material to absorb energy
Creep - material undergoes slow and permanent deformation when subjected
to constant stress with high temperature
Fatigue - failure of material due to cyclic loading
Hardness - resistant to indentation, scratch
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Interchangeability

* The term interchangeability is normally employed for therﬁ
mass production of identical items within the prescribed
limits of sizes. A lot of time is required to maintain the
sizes of the part within a close degree of accuracy even
then there will be small variations. If the variations are
within certain limits, all parts of equivalent size will be
equally fit for operating in machines and mechanisms.
certain variations are recognized and allowed in the sizes of
the mating parts to give the required fitting. In order to
control the size of finished part, with due allowance for
error, for interchangeable parts is called limit system
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Important Terms used in Limit System (50

— Upper deviation
Tolerance —— Lower deviation — Tolerance
j HImk N Lower deviaiton
A '—’_’7 Zone ' FUpper deviation
Tﬁ%‘ 17 e o | L
8 g B A Zero line
i : E E [ I,
N & Y ¥ Hole 7 Y ¥
| m Min. size — Basic size

Max. size

Indian Standard System of Limits and Fits — 1S 919 - 1993
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* Nominal size It is the size of a part specified in the drawi?
as a matter of convenience.

* Basic size It is the size of a part to which all limits of
variation (i.e. tolerances) are applied to arrive at final
dimensioning of the mating parts. The nominal or basic size
of a part is often the same.

* Actual size It is the actual measured dimension of the part.
The difference between the basic size and the actual size
should not exceed a certain limit, otherwise it will interfere
with the interchangeability of the mating parts.
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* Limits of sizes There are two extreme permissible sizes f0§1§
dimension of the part. The largest permissible size for a dimension”
of the part is called upper or high or maximum limit, whereas the
smallest size of the part is known as lower or minimum limit

» Allowance It is the difference between the basic dimensions of the
mating parts. The allowance may be positive or negative. When
the shaft size is less than the hole size, then the allowance is
positive and when the shaft size is greater than the hole size, then
the allowance is negative

* Tolerance It is the difference between the upper limit and lower
limit of a dimension. In other words, it is the maximum permissible
variation in a dimension. The tolerance may be unilateral or
bilateral.
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* Zero line It is a straight line corresponding to the basic size. ’F €

==X/

deviations are measured from this line. The positive ahd”
negative deviations are shown above and below the zero line
respectively.

FITS

The degree of tightness or looseness between the two mating
parts is known as a fit. The nature of fit is characterized by the
presence and size of clearance and interference.

TYPES OF FIT
* Clearance fit
e Transition fit
* Interference fit
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Clearance fit

* In this type of fit, the size limits for mating
parts are so selected that clearance between Min. clearance
them always occur, It may be noted that in a ¢ S
clearance fit, the tolerance zone of the hole o
is entirely above the tolerance zone of the j..rancec
shaft. In a clearance fit, the difference
between the minimum size of the hole and T

the maximum size of the shaft is known as Hole | %
minimum  clearance  whereas  the ey L
difference between the maximum size of the NN - Shaft
hole and minimum size of the shaft is called (a) Clearance fit.

maximum clearance The clearance fits may
be slide fit, easy sliding fit, running fit,
slack running fit and loose running fit.
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Interference fit

* In this type of fit, the size limits for the
mating parts are so selected that
interference between them always occur, It
may be noted that in an interference fit, the
tolerance zone of the hole is entirely below
the tolerance zone of the shaft. In an
interference fit, the difference between the
maximum size of the hole and the minimum
size of the shaft is known as minimum
interference, whereas the difference
between the minimum size of the hole and
the maximum size of the shaft is called
maximum interference The interference
fits may be shrink fit, heavy drive fit and
light drive fit

Max. Min ]
‘ interference in. interference

ﬁ e e e i
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1

£ e e +

e tata fatutaty:

L, *
e e e i |

A
« DN\

(b) Interference fit.
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Transition fit

In this type of fit, the size limits for the
mating parts are so selected that either
a clearance or interference may occur
depending upon the actual size of the
mating parts, It may be noted that in a
transition fit, the tolerance zones of

hole and shaft overlap. The transition Y
fits may be force fit, tight fit and push %

fit. \\\\\N

(¢) Transition fit.
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Basis of Limit System {:

00

* Hole basis system When the hole is kept as a constant member an
different fits are obtained by varying the shaft size, then the limit system is
said to be on a hole basis.

* Shaft basis system When the shaft is kept as a constant member and
different fits are obtained by varying the hole size, then the limit system is
said to be on a shaft basis.

I 2_ 3:%

1. Clearance fit. 2. Transition fit. 3. Interference fit.

(a) Hole basis system. (b) Shaft basis system.
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Surface Roughness and its Measurement {

* Surfaces produced by different machining operations (e.g. turning, mill?'fi'j°°°
shaping, planing, grinding and superfinishing) are of different
characteristics. The variation is judged by the degree of smoothness.

* In the assembly of two mating parts, it becomes absolutely necessary to
describe the surface finish

* According to Indian standards, following symbols are used to denote the
various degrees of surface roughness :

Symbol Surface roughness (Ra) in microns
Y 8 to 25
VV 1.6to 8
VVV 0.025to 1.6
VVVV Less than 0.025
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S.No. | Manufacturing Surface roughness S.No.| Manufacturing Surface roughness

process N MICYONS process 1IN MICFONS

1. Lapping 0.012 to 0.016 9 | Extrusion 0.16to 5

2. Honing 0.025 to 0.40 10. | Boring 0.40 to 6.3

3. Cylindrical grinding 0.063to 5 11. | Milling 0.32 to 25

4. Surface grinding 0.063 to 5 12. | Planing and shaping 1.6 to 25

5. Broaching 0.40 to 3.2 13. | Dnlling 1.6 to 20

6. Reaming 0.40 to 3.2 14. | Sand casting 5 to 50

7. Turning 0.32 to 25 15. | Die casting 0.80 to 3.20

8. Hot rolling 2.5to 50 16. | Forging 1.60 to 2.5
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Factor of Safety

In order to prevent the failure of a machine part, the part is designed
assuming such a value to design stress which is very low compared to the

yield stress or ultimate stress.

“Itis defined, as the ratio of the maximum stress to the working
stress/design stress subjected to static loading”

Maximum stress

Factor of safety = . . — General
Working (or) Design stress

Yeild point stress . .
P — Ductile Material

Factor of safety = . :
Working (or) Design stress

Ultimate stress

Factor of safety = - Brittle Material

Working (or) Design stress
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Load:

Any external force acting upon a machine member

Types of load:
(i) Dead (or) Steady (or) Static load:

The load which does not change in magnitude and direction.
Ex. Self weight
(ii) Live (or) Varying load:

The load which is continuously changing.
Ex. Vehicle pass over a bridge
(iii) Suddenly applied load (or) shock load:
The load which is applied suddenly

Ex: Blows of a hammer

(iv) Impact load:

The load which is applied with some initial velocity (or) The load which is dropped from
certain height.

Ex: forging _
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Stress:

The internal resistance of force per unit area is called stress.

P
C——
A
Where P = Load or force acting on the body

A = Cross- sectional area of the body

Strain:

The rate of change of deformation (or) It’s the ratio of change in

dimension to the original dimension.

e:_
L
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Mathematical equitation

P
Stress (o) = y : P = Load, A = Area

Strain (e) =

Ol
T | = Length, 6l = Change in length

Shear Strain (¢) = % : | = Length, 61l = Change in length

oV
Volumetric Strain (e,) = 7 : v = Volume, 61l = Change in volume

% of Elongation

% of Reduction in Area
Lateral strain

Poission's ratio = — ;
) Logitudinal strain

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



Pl &_Pl
A8l’ - AE

-
Young's modulus (E) = .

.
Modulus of Rigidity(Cor G) = —

¢

dp
Bulk Modulus (K) = T

1%
Bending Stress = — P =
ending Stress = - =7 7R
Torci l ‘ _T_C.Q_q_T
orsional equation = 5 =— =77
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Relation ship of stress and strain

. . a a a
In Two direction e; = = EZ-H e, = Ez
. . g g a
In Three direction e, =—=—=2.py—=
E E E
02 01 03
e, = l - X
2= F T EHTE
03 01 02
e, = | —
3= T E R
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STRESS/LOAD

Yield Point

/A lastic Limit

\ ° (] [
Proportional Limit

Ultimate Strength
-~

w Breaking Limit

EXTENSION/STRAIN

v
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Bending Stress in Curved Beams

4y.cons®

A curved beam is defined as a beam in which, the neutral axis 1
unloaded conditions is curved instead of straight

* The straight beams, the neutral axis of the section coincides with
its centroidal axis and the stress distribution in the beam is
linear. But in case of curved beams, the neutral axis of the cross-
section is shifted towards the centre of curvature of the beam
causing a non-linear (hyperbolic) distribution of stress. It may
be noted that the neutral axis lies between the centroidal axis
and the centre of curvature and always occurs within the curved
beams. The application of curved beam principle is used in crane
hooks, chain links and frames of punches, presses, planers etc.
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where

M = Bending moment acting at the given section,

o = Bending stress,

I = Moment of inertia of the cross-section about the neutral axis,
y = Distance from the neutral axis to the extreme fibre,

E = Young's modulus of the material of the beam, and

R = Radius of curvature of the beam.
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Consider a curved beam subjected to a bending moment M
* The general expression for the bending stress (o,) in a curved beam at a
fibre at a distance y from the neutral axis, is given by
M1 vy
Ae Rn—y]
M = Bending moment acting at the given section about the centroidal axis,
A = Area of cross-section,
e = Distance from the centroidal axis to the neutral axis=R- R,
R = Radius of curvature of the centroidal axis,
R = Radius of curvature of the neutral axis, and
y = Distance from the neutral axis to the fibre under consideration. It is
positive for the distances towards the centre of curvature and negative

for the distances away from the centre of curvature.

Op =
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fibre.

* If the section is unsymmetrical, then the maximum bending stress may
occur at either the inside fibre or the outside fibre. The maximum bending
stress at the inside fibre is given by

.I.M . :Lrif
O, =
bi 4 e Rr
¥; = Distance from the neutral axis to the mnside fibre =R — R.. and

R. = Radius of curvature of the mside fibre.

i
. *M'.}"L:-
O = 4.e.R

¥, = Distance from the neutral axis to the outside fibre =R_— R . and

R , = Radius of curvature of the outside fibre.
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Theories of Failure (B33

When the component is subjected to several types of loads,
combined stresses are induced. The failures of such components
are broadly classified into two groups, Elastic & Yielding and
Fracture.

Theories of elastic failure provide a relationship between the
strength of the machine components subjected to complex state
of stresses

The problem of predicting the failure stresses for members
subjected to bi-axial or tri-axial stresses is much more
complicated, so that a large number of different theories have
been formulated
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The principal theories of failure for a member subjected to bi-axial{Z
stress Ko

* Maximum principal stress theory (Rankine’s theory).

* Maximum shear stress theory (Guest’s or Tresca’s theory).
* Maximum principal strain theory (Saint Venant theory).

* Maximum strain energy theory (Haigh’s theory).

* Maximum distortion energy theory (Hencky and Von Mises
theory).
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25
MAXIMUM SHEAR STRESS THEORY
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Calculate the tolerances, fundamental deviations and limits of sizes for the shaft designated as 40 HS / [7

Data given:

40 H8/f7 Dia of hole - 40 mm
Dia of shaft 40 mm

From the Data book Pg. 3.9 and 3.7
H8 = +35
Upper limit of hole = 40.000 + 0.039 = 40.039

Lower limit of hole = 40.000 + 0.000 = 40.000
Tolerance of hole = 40.039-40.000 = 0.039

Maximum Allowance = 40.039 - 39.950 = 0.089
Minimum Allowance = 40.000 - 29.975 = 0.025

f1= =¥
Upper limit of hole = 40.000 - 0.025 = 39.975

Lower limit of hole = 40.000 - 0.050 = 39.950
Tolerance of hole = 39.975 -39.950 = 0.025
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Problem. A steel shaft 35 mm in diameter and 1.2 m long held rigidly at one end has a
hand wheel 500 mm in diameter keyed to the other end. The modulus of rigidity of steel
Is 80 GPa. 1. What load applied to tangent to the rim of the wheel produce a torsional
shear of 60 MPa? 2. How many degrees will the wheel turn when this load is applied?

Solution. Given:d=35mmorr=17.5mm:; |=1.2m=1200 mm ; D =500 mm or
R =250 mm; C =80 GPa =80 kN/mm?2 =80 x 103 N/mm? ; Tt = 60 MPa = 60 N/mm2

1. Load applied to the tangent to the rim of the wheel
Let W = Load applied (in newton) to tangent to the rim of the wheel.

We know that torque applied to the hand wheel,
I' = WR=W==250=250 W N-mum

and polar moment of inertia of the shaft,

T
_ 4 _ 4 _ 3 4
.J— 35 *d*=37 35'=147.34 < 10°mm
I T
We know that — = —
. J r .
250 W 60 3
_ = or W= 60 x147.34 <10 — 2020 N Auns.
147.34 % 10 17.5 17.5 x 250

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



2. Number of degrees which the wheel will turn when load W = 2020 N is applied

Let 0 = Required number of degrees.
r C.e
We know that =
J [
0 — r.l = 250x2020x1200 — 0.05° Ans.

C.J 80x10°%147.34 %103
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Problem A pump lever rocking shaft is shown in Fig. 5.5. The pump lever exerts forces of ?
kN and 35 kN concentrated at 150 mm and 200 mm from the left and right hand bearing *&==
respectively. Find the diameter of the central portion of the shaft, if the stress is not to

exceed 100 MPa. 25 kN 35 kN
l:— 600 mm i
C D
A B
M. “_m‘ 7
RN A
L; 150 mm 200 mm ;’-q J

Solution. Given : 0, = 100 MPa =100 N/mm?
Let R,
Taking moments about 4, we have
Ry x 950 = 35 x 750 + 25 x 150 = 30 000
S Ry =30000/950=31.58 kKN=31.58x10°N
and R, =(25+35)-31.58=28.42 kN =28.42 x 103N

. Bending moment at C

=R, x 150 =28.42 x 103 x 150 =4.263 » 10 N-mm

and bending momentat D = Ry x200=31.58 x 10° % 200 = 6.316 x 10° N-mm
G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE

and R = Reactions at 4 and B respectively.



We see that the maximum bending moment
1s at D, therefore maximum bending moment, M
=6.316 x 10° N-mm.
Let d = Diameter of the
shaft.

" Section modulus.
7 = E » d3
32

=0.0982 43
We know that bending stress (0,).

1Di}—£
z

_ 6.316x10°  64.32x10°

— —

0.0982d° d’
d? = 64.32 x 109100 =643.2 x 10° or d = 86.3 say 90 mm Ans.

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



Problem The frame of a punch press is shown in fig. Find the stresses at the { 'ﬁ S}
inner and outer surface at section X-X of the frame, if W = 5000 N.

Solution. Given : W =5000 N : bi=18 mm
;bo:6mm,h—40mm,R.—25mm,
Ro = 25 + 40 = 65 mm L ;ﬂ T

We know that area of section at X-X, |
A= 1/2 (18 + 6) 40 = 480 mm? N n ~—100 —>
//// 8
et

Section at X=X
All dimensions in mm.

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



We know that radms of curvature of the neutral

axis.
| 'E}j + bﬂ, ‘ }? /H,
R = \ 2 / / - ? T
H g b. Rﬂ _h R] ™ 4 R ™\ I"'I / I 0 W
‘ ‘1 h : ‘ lﬂge .E{?} — r':‘br o E:'u) x \ ki;.{ﬁl T] wi,,
e _\‘
l 18: 6 ‘ X 40 \\.5______ |
:-’13}:55—5;{35‘ n ~— 00—
| — |- (18 - 6) ¥
40 J W25 ) ﬁT/////é 18
480 <40l b

= = 38.83 mm Section at X=X
{:25.5 Lt D.gﬁﬁﬁ) — 12 All dimensions in mm.,

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



P

GINEERS

and radius of curvature of the centroidal axis.
. ='R7_ L@ +2b,) o 40(18+2%6)
3(b;, +b,) 3(18 + 6)
=25+ 16.67=41.67 mm
Distance between the centroidal axis and neutral axis.
e =R-R =41.67—-38.83 =2.84 mm
and the distance between the load and centroidal axis.
x=100+R=100+41.67=141.67 mm
. Bending moment about the centroidal axis.
M = Wx=5000 = 141.67 = 708 350 N-mm

The section at X-Y 1s subjected to a direct tensile load of W= 5000 N and a bending moment of
M =708 350 N-mm. We know that direct tensile stress at section X-X.

T

1mIn

W 5000
4 480

=10.42 N/mm~ = 10.42 MPa

O, =

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



Distance from the neutral axis to the inner surface,

v, =R —R=3883-25=13.83 mm
Distance from the neutral axis to the outer surface,

v, =R —R =65-38283=26.17mm

We know that maximum bending stress at the mner surface,

' w
M.y, 708350x13.83 . « 40— >
G, = o 2 — 287.4 N/mm? 40;4 i x =T
" 4.e. R 480x284x25 C N | .
| =
|
— 287.4 MPa (tensile) { A i w
and maximum bending stress at the outer surface, el |
M 708 350 x 26.17 T“R* -
¥ 50 x 26. .
Oy = — = =209.2 N/mm’ ~ _f
A.e.R, 480x284x65 B L‘*Rﬂ—j
= 209.2 MPa (compressive) Al dimensions in mm

.. Resultant stress on the inner surface
= 0,1+ 0, = 10.42 + 287.4 = 297.82 MPa (tensile) Ans.
and resultant stress on the outer surface.
=0,—0,,=10.42-209.2=-198.78 MPa

I

= 198.78 MPa (compressive) Ans.
w.karmnesh, Asso.Prof, Dept. of Mechanical, MSAJCE



Problem The crane hook carries a load of 20 kN as shown in Fig The section ¢ "
X-X is rectangular whose horizontal side is 100 mm. Find the stresses in the ...+
inner and outer fibres at the given section.

Solution. Given: W=20kN=20x 103 N; Ri=50 mm ; Ro =150 mm ; h=100
mm ; b =20 mm

We know that area of section at X-X, Fﬁ
A= b.h=20x 100 = 2000 mm? Yl
- |00 ——= x| i:f /x | 50 /
), _.4_*},5* | '._ﬁ;_)n ,\/!\\ | )
CN s

— e - Rf_""| 20 kN
A R - i =] () -
A i 20 V777
|" R | TSectiun at X-X
— - Rr’_i' h-—t All dimensions in mm.

All dimensions in mm,
G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



We know that radius of curvature of the neutral axis.

/ 100 100

R = } - = , - = = 91.07 mum
'R, | 150 1.098

log, | —= | log, i:,_
\ RJ‘ / WS
and radius of curvature of the centroidal axs,

/ 100

R =R +E?=5.D+T=1[]Dnml

Distance between the centroidal axis and neutral axis.
e =R—-R =100-91.07=8.93 mm
and distance between the load and the centroidal axis.
xr = R=100mm
Bending moment about the centroidal axis.
M=Wxx=20x10%%100=2 "% 10%N-mm

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



The section at X-X'is subjected to a direct tensile load of =20 x 10° N and a bending moment
of M= 2 » 10° N-mm. We know that direct tensile stress at section X-X.

W 20x10° 3
o, = = = 10 N/mm? = 10 MPa
A 2000
We know that the distance from the neutral axis to the inside fibre.
v; =R, —R,=91.07-50=41.07 mm
and distance from the neutral axis to outside fibre.

v, =R —R =150-91.07=58.93 mm

- Maximum bending stress at the mside fibre,
M.y 2x10°x41.07
On " 4.e.R 2000 x8.93x 50
and maximum bending stress at the outside fibre.

M. v 2 % 10%x 58.93

— o = — [ 2
O~ 4. ¢.R, 2000x893x150 ++N/mm

= 44 MPa (compressive)

= 92 N/mm- = 92 MPa (tensile)

.. Resultant stress at the inside fibre
= 0,1t 0,, =10+ 92 =102 MPa (tensile) Ans.
and resultant stress at the outside fibre

=0,—0,,= 10— 44 =— 34 MPa = 34 MPa (compressive) Ans.
G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



If the maximum tensile stress in the clamp is limited to 140 MPa, find the valdei ’

of load W.

Solution. Given : ot(max) = 140 MPa = 140 N/mm? ;

— -

Ri=25mm; Ro=25+25=50mm ; bi=19 mm;
=3mm;t=3mm;h=25mm

We know that area of section at X-X,
A=3x22+3x%x19=123 mm? 4{

"

'*”1]9
9y G

<

Section {JFJ’{ X
All dimensions in mm.

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



f (b —t)+ 1./

] 1
(b, — ﬂmg\ﬁ+r

.

+f1nge‘£
R

3:(19—%)+%:H:l

(25 +3)

(19— 3) log, | | +3 log, \fq—ﬁ

123 = 123 = 31.64 mm

16%0.113+3%0.693 3.887

and radius of curvature of the centroidal axis.

1 1.2 1 .2

s t+ 516 (6—1)
"' hot+t (b—1)

lx251x3+%:ﬁ:32(]9—3)

25 %3+ 3 (19 — 3)

=25+ 8.2=332mm

N 9375+ 72
75 + 48

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



Distance between the centroidal axis and neutral axis.
e =R —Rn =332-31.64=1.56 mm
and distance between the load 7 and the centroidal axis.

- 25 =
¥ =50+R=50+332=832mm e
Bending moment about the centroidal axis. *_2% N 329 >0
M =Wx=W=x83.2=832 WN-mm 4 || T |
3 /” / 19
The section at X-X is subjected to a direct tensile } | i i
Ioad_of W and a bending moment of 83.2W. T_he Y, Py e R
maximum tensile stress will occur at point P (i.e. at AA
i i : R

the inner fibre of the section). F-H P >

e Rﬁ l-l
Distance from the neutral axis to the point P, All dimensions in mm.

yi =Rn—Ri=31.64-25=6.64 mm

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



Direct tensile stress at section X=X,

W W
0, = — =——= 0.008 W N/mm’
A 123
and maximum bending stress at point P,

M.y, 832Wx6.64

0. =
P 4.e R 123x1.56x25
We know that the maximum tensile stress O somay

140 = 0, + 0,,=0.008 W+ 0.115 W=0.123 W
W = 140/0.123 = 1138 N Ans.

Note : We know that distance from the neutral axis to the outer fibre,
¥y, = R,—R =50-31.64=18.36 mm

= 0.115 W N/mm°

.~ Maximum bending stress at the outer fibre,

M. 83.2 W % 18.36
0, = —2° = —0.16 W
A e R 123x1.56x50

and maximum stress at the outer fibre.

=0,—0,,~ 0.008 W—-0.16 W=—10.152 W N/mm?

= 0.152 W N/mm? (compressive)

From above we see that stress at the outer fibre 1s larger in this case than at the inner fibre, but this stress
at outer fibre 1s compressive.

G.Ramesh, Asso.Prof, Dept. of Mechanical, MSAJCE



UNIT II
SHAFTS AND COUPLINGS

Design of solid and hollow shafts based on
strength, rigidity and critical speed — Keys,
keyways and splines - Rigid and flexible
couplings.



Couplings

Coupling I1s a device used to connect two shafts
together at their ends for the purpose of transmitting
power

'Couqhng

l i " Motor
: _”Jﬁai

Pump




Uses of coupling

To provide connection of shafts of units made
separately

To allow misalignment of the shafts or to
Introduce mechanical flexibility.

To reduce the transmission of shock loads
To introduce protection against overloads.
To alter the vibration characteristics




Types of Shafts Couplings

1. Rigid coupling.

It is used to connect two shafts which are perfectly aligned.
(a) Sleeve or muff coupling.
(b) Clamp or split-muff or compression coupling, and
(c) Flange coupling.

2. Flexible coupling.

It is used to connect two shafts having both lateral and
angular misalignment.

(a) Bushed pin type coupling,
(b) Universal coupling, and
(c) Oldham coupling.



Types of coupling

* Rigid
 Flexible
« Universal

Flexible coupling

Rigid coupling

Universal coupling



Requirements of a Good Coupling

. It should be easy to connect or disconnect.

. It should transmit the full power from one shaft to the
other shaft without losses.

. It should hold the shafts in perfect alignment.

. It should reduce the transmission of shock loads from
one shaft to another shaft.

. It should have no projecting parts.




Sleeve or Muff-coupling

Muft —\
!

Key
"||
-

| )




Sleeve or Muff-coupling

It is the simplest type of rigid coupling, made of cast iron.

It consists of a hollow cylinder whose inner diameter is
the same as that of the shaft.

It is fitted over the ends of the two shafts by means of a
gib head key.

The power Is transmitted from one shaft to the other shaft
by means of a key and a sleeve.

It IS, therefore, necessary that all the elements must be
strong enough to transmit the torque.



The usual proportions of a cast iron sleeve coupling are as
follows :( from page no 5.16)

Outer diameter of the sleeve,

D=2d+13mm "
and length of the sleeve, — / - e
where d is the diameter of - / ————————— I ————— S

. 3
the shatft. %: %%




Sleeve or Muff-coupling

1. Design for sleeve

The sleeve Is designed by considering it as a hollow shaft.
» \We know that torque transmitted by a hollow section,
L‘H _di |

{
I 3 4 .-
T=—X1 = XT. XD (1-k L k=dD
XT, | ——— |2 X XD (- B (- k=dD)

2. Design for key
The length of the coupling key is at least equal to the
length of the sleeve (i.e. 3.5 d).
| =3.5d/2=L/2



Sleeve or Muff-coupling

Check for shearing and crushing stresses:

T=[XWXTX— .. (Considering shearing of the key)
)

=[x I X0, X i .. (Considering crushing of the key)
7 7



PBM:1 Design and make a neat dimensioned sketch of a
muff coupling which is used to connect two steel shafts
transmitting 40 kW at 350 r.p.m. The material for the shafts
and key Is plain carbon steel for which allowable shear and
crushing stresses may be taken as 40 MPa and 80 MPa
respectively. The material for the muff is cast iron for which
the allowable shear stress may be assumed as 15 MPa.

Given data:
P=40kwW =40 x 103 W;
N =350 r.p.m;
s = 40 MPa = 40 N/mm2;
ocs = 80 MPa = 80 N/mm2;
¢ = 15 MPa = 15 N/mm2



solution

1. Design for shaft

Let d = Diameter of the shaft.

We know that the torque transnutted by the shaft,
key and muff,

PX60 40x10° x 60
T 2RN  2mx350
= 1100 x 10° N-mm
We also know that the torque transomtted (7),

T =1100 N-m

n 3 I 3
o xT Xxd =—x40xd’ = 3
1100 = 10 =16 s 16 7.86d

d® =1100 = 10°/7.86 = 140 = 10° or d = 52 say 55 mm Ans.
2. Design for sieeve
We know that outer diameter of the muff
D=2d+13mm=2 x 55+ 13 =123 say 125 mm Ans.
and length of the muif,
L =35d=35%55=1925say 195 mm Ans.



et us now check the induced shear stress in the muff.

o
1100 % 10° = —XT,
6 |

16

D - ] 1 {(125)4 _ (55)“]

D LS
=30 x10°1,

.= 1100 % 10370  10* = 297 N/mm?

Since the mduced shear stress m the muff (cast wron) 15 less than the permussible shear stress of
15 N/mnr’, therefore the design of muffs safe.



3. Design for key

» From data book page no 5.16 take the value of width and
height w=16 h=10

We know that length of key in each shaft,
[=L/2=195/2=97.5 mm Ans.
Let us now check the induced shear and crushing stresses m the key. First of all, let us consider
shearing of the key. We know that torque transmuited (7),

1100 x 10° = [ X wX T, xizg?jxlﬁxt KE =487 x 1{:315

T, = 1100 x 103/ 482 x 103 =22, SNmﬂl
Now considering cmalung of the key. We know that torque transmutted (T),
t d it 55
3 _ — - = - == _ 3
1100 x 10° = f*xzxﬁ”x S =975X —X 04 X— =241x10° 0

= — —

G, = 1100 x 10°/24.1 x 10° =45 6 N/mm’

Since the induced shear and crushing stresses
are less than the permuissible stresses, therefore the
design of key 15 safe.



Clamp or Compression Coupling

 |tis also known as split muff coupling.

* |n this case, the muff or sleeve I1s made into two halves
 and are bolted together

« The halves of the muff are made of cast iron.

« The shaft ends are made to a butt each other and a single
key is fitted directly in the keyways of both the shafts.

e One-half of the muff is fixed from below and the other
half is placed from above.

« Both the halves are held together by means of mild steel
studs or bolts and nuts.



split muff coupling




1. Design of muff and key
The muff and key are designed m the similar way as discussed in muff coupling (Art. 13.14).
2. Design of clamping bolts
Let T = Torque transmited by the shaft,
d = Diameter of shaft,
d, = Root or effective diameter of bollt,
i = Number of bolts,
0, = Permissible tensile stress for bolt matenal,
Il = Coefficient of friction between the muff and shaft, and
L = Length of muff.
We know that the force exerted by each bolt

j|s %
- —(d) o
4(1:-) i

. Force exerted by the bolts on each side of the shaft
I8 2 n

=—(d,) 0, %x—

PR

Let p be the pressure on the shaft and the muft surface due to the force, then for uniform
pressure distribufion over the surface,

2 H
Force - 1 (d-!.'r:l O; KE

P = Projected area 1rva
7

~. Frictional force between each shaft and muff,

1
F:uxpressurexareazu}(pxaxﬁd X L



PBM:1 Design a clamp coupling to transmit 30 kW at 100
r.p.m. The allowable shear stress for the shaft and key is 40
MPa and the number of bolts connecting the two halves are
siX. The permissible tensile stress for the bolts is 70 MPa.
The coefficient of friction between the muff and the
shaft surface may be taken as 0.3.

Given data :
P=30kW =30 x 103 W :

N =100 r.p.m.;

T =40 MPa =40 N/mm2 ;

nN=0;

ot=70 MPa="70 N/mm2 ; un=0.3



Solution:

1. Design for shaft
Let d = Diameter of shaft.
We know that the torque transnutted by the shaft,

T_Pxﬁ:}_3nx103mu

2N 2mx100
We also know that the torque transnutted by the shaft (I),

=2865 N-m = 2865 * 10° N-mm

T 1 I 1
1 I —xrxd =—x40xd - 3
2865 x 10 6 16 786d

N d* = 2865 x 10° / 7.86 =365 x 10° or d =714 say 75 mm Ans.
2. Design for muff
We know that diameter of muff,
D =2d+13mm=2x 75+ 13 =163 say 165 mm Ans.
and total length of the muff,
L=35d=35%T75=2625mm Ans.



3. Design for key
The width and thickness of the key for a shaft diamefer of 75 mm (from Table 13.1) are as
follows :

Widthofkey,  w =22 mm Ans.
Thickness ofkey, f=14mm Ans.

and length of key = Total length of muff = 262.5 mm Ans.
4. Design for bolfs
Let d, = Root or core diameter of bolt.

We know that the torque transmitted (T,

]

|y ) 1
2865 10° = - XR(@) 0 XnXd = X036 T0X6XT5= 58304
() =2865x 10°/5830=492 or  d,=222mm



Flange Coupling

S T Driven Shaft
=
Driving 1‘ L }f
{

Flanged Coupling

*» A flange coupling usually applies to a coupling having two
separate cast iron flanges.

*sEach flange is mounted on the shaft end and keyed to it.
*+One of the flange has a projected portion and the other flange
has a corresponding recess.



Types of flange couplings :

1. Unprotected type :

— In an unprotected type flange coupling, each shaft is keyed
to the boss of a flange with a counter sunk key and the
flanges are coupled together by means of bolts.

— Generally, three four or six bolts are used.
2. Protected type flange coupling.

In a protected type flange coupling, the protruding bolts
and nuts are protected by flanges on the two halves of the
coupling, in order to avoid danger to the workman

3. Marine type flange coupling.

In a marine type flange coupling, the flanges are forged
Integral with the shafts with The flanges are held together by
means of tapered headless bolts, numbering from four to
twelve depending upon the diameter of shaft.



Design of Flange Coupling

> el e | -
e\ | [# d = Drameter ofshaft o e dameterof b
— | D) = Onter iameter of hub,
N 0, = Nonusal o outde dameter o bt
S S —— o . .
l_ \ _ﬁ"‘w_ ____é’_‘__ poad D, = Drmeterof bl
N B f{ AR 1 = Nunberof bl
li "Y | Dy=3d -
e | Thuckness of fnge,

1, a0, = Allwale hestesfor st ol and ey el reectely
1, = Allwabesea ses for e Sange el . casron

> L=15d4-L=15d fee 0,20, = Alloale crusunpsess o ol and ey el vy



If d 1s the diameter of the shaft or inner diameter of the hub. then

Outside diameter of hub.

D=2d
Length of hub. L=15d
Pitch circle diameter of bolts.

D, = id

Outside diameter of flange.

D,=D+(D,-D)=2D,-D=4d
Thickness of flange. fe=10.5 d
Number of bolts = 3. for d upto 40 mm

= 4, for d upto 100 mm
= 6, for d upto 180 mm



Design procedure for Flange Coupling

1. Design for hub
The hub 15 destgned by considertng 1t as  hollow shaft, transmitting the same torque (T) as that

of a solid shaft. | |
T ( D -d’ 1
[=—XT,|——
6 "\ D
The outer diameter of hub 15 usually taken as twice the diameter of shaff. Therefore from the
above relation, the iduced sheartng stress i the hub may be checked

The length of hub (L) 15 taken as 1.5d.
1. Design for key
The keyis designed with usual proportions and then checked for shearing and erushing sresses|



3. Design for flange
The flange at the junction of the hub 1s under shear while transnuftting the torque. Therefore, the
troque transmitted,
T = Circumference of hub * Thickness of flange * Shear stress of flange x Radius of hub

D _nD’
=J':D><zf}-:1,:x5: > KT Xigp

The thickness of flange 1s usually taken as half the diameter of shaft. Therefore from the above
relation, the induced shearning stress in the flange may be checked.
4. Design for Dbolfs

The bolts are subjected to shear stress due to the torque transmutted. The number of bolts (i)

depends upon the diameter of shaft and the pitch circle diameter of bolts (D,) 1s taken as 3 d. We
know that

T 4
Load on each bolt = E (dy)™ T

Total load on all the bolts
=X @) 1, xn
4
and torque transmitted, T= E (dy ) Ty, X1 X %

From this equation, the diameter of bolt (d;) may be obtained. Now the diameter of bolt may be
checked in crushing.

We know that area resisting crushing of all the bolts
=pn X dl » {f‘
and crushing strength of all the bolts
=(xd;*xt)0,
D
2
From this equation, the induced crushing stress in the bolts may be checked.

. Torque, T=(nxd x e % O,)



PBM: 1 Design a cast iron protective type flange coupling to
transmit 15 kW at 900 r.p.m. from an electric motor to a
compressor. The service factor may be assumed as 1.35.

The following permissible stresses may be used :

Shear stress for shaft, bolt and key material = 40 MPa
Crushing stress for bolt and key = 80 MPa

Shear stress for cast iron = 8 MPa

Draw a neat sketch of the coupling.

Given data:
P=15kW =15 x 103 W ;
N =900 r.p.m.;

Service factor = 1.35;

ts = b = 1k = 40 MPa = 40 N/mm2 ;
ocb = ock = 80 MPa = 80 N/mm2 ;
¢ = 8 MPa = 8§ N/mm2



1. Design for hub

First of all, let us find the diameter of the shaft (d). We know that the torque transmitted by the
shaft,

Px60 _15x%10° X 60
T 2mN 2mWx900

=159.13 N-m|

Since the service factor 1s 1.35, therefore the maximum torque transmitted by the shaft,
T = 1.35% 15913 =215 N-m =215 % 10° N-mm
We know that the torque transmitted by the shaft (7),

215 % 10° = %KTE X d* =%X4ﬁxd3 =786d°

o d?=215%x10°/786=274%x10° or d=30.1say35mm Ans.
We know that outer diameter of the hub,
D =2d=2x35=70 mm Ans.
and length of hub, L=15d=15%35=525mm Ans.

Let us now check the induced shear stress for the hub material which 1s cast wron. Considering
the hub as a hollow shaft. We know that the maximum torque transnutted (7).

T [L‘r“ - dd} n {(T{})‘* - 3%*
— X TC — (== 16‘

16 D 16 [70

T, = 215 % 10°/63 147 = 3.4 N/mm’ = 3.4 MPa

C

215 % 10° = } =63 1477,

Since the induced shear stress for the hub matenal (i.e. cast iron) 15 less than the permissible
value of 8 MPa, therefore the design of hub 1s safe.



2. Design for key
Since the crushing stress for the key material 1s twice 1ts shear stress (i.e. 0, =21, ), thereforea
square key may be used. From Table 13 1, we find that for a shaft of 35 mm diameter,
Width of key, w = 12 mm Ans.
and thickness ofkey, f=w=12 mm Ans.
The length of key ( /) 1s taken equal to the length of hub.
S I =L=525mm Ans.
Let us now check the induced stresses 1n the key by considering 1f in shearing and crushing.
Considering the key in shearing. We know that the maximum torque transmitted (7, ).

d 35
215x10° = [ XwX T KE:SE.lezxtk X =110257

c T, = 215 x 10%11 025 = 19.5 N/mm’* = 19.5 MPa
Considering the key m crushing. We know that the maximum torque transmtted (T, ),

s gxl d _ 12 35
215 % 10° = IX =X 0y X — = SESX?XGﬂK?—SSIESGk

S 0, =215x 10% 5512.5 = 39 N/mm’ = 39 MPa
Since the induced shear and crushing stresses in the key are less than the permussible stresses,
therefore the design for key 1s safe.
3. Design for flange
The thickness of flange (If) 1s taken as 0.5 d.
. fr=10.5d=0.5x35=17.5 mm Ans.

Let us now check the induced shearing stress in the flange by considering the flange at the
junction of the hub in shear.

We know that the maximum torque transmutted {Tmmjlﬁ



D (T{})‘
ff—
T, =215 x 1[!3]34?13—16Nn]111‘—16MPa

Since the induced shear stress in the flange 15 less than 8 MPa, therefore the design of flange 15
safe.

4. Design for bolts

215 x 10° =

X T, X175 =134713 T_

Let dl = Nomunal diameter of bolts.
Since the diameter of the shaft 15 35 mm, therefore let us take the number of bolts,
n=3

and pitch circle diameter of bolts,
D, =3d=3x35=105mm

The bolts are subjected to shear stress due to the torque transmifted. We know that the
maximum torque transmutted (7, ).

T T 3 105
215 = ]Cﬁ = E (ﬂ]l}z Tb xhn K%:Z (d]_]x_ 4[}:’(3}(? = 4950 (dljz

(d))? =215 % 10°/4950 =43 43 or d, = 6.6 mm
Assuming coarse threads, the nearest standard size of bolt 1s M 8. Ans.
Other proportions of the flange are taken as follows :
Outer diameter of the flange,
D, =4d=4x35=140 mm Ans.
Thickness of the protective circumferential flange,
L, = 0.25d=0.25x35=8.75 say 10 mm Ans.



Pbm:2 Design and draw a cast iron flange coupling for a
mild steel shaft transmitting 90 kW at 250 r.p.m. The
allowable shear stress in the shaft is 40 MPa and the angle
of twist Is not to exceed 1° In a length of 20 diameters. The
allowable shear stress in the coupling bolts is 30 MPa.

Given data :

P=90kw =90 x 103 W,

N =250r.p.m.;

1S =40 MPa =40 N/mm2 ;
0=1°=n/180=0.0175 rad ;
tb = 30 MPa = 30 N/mm?2



Solution:
shaft.

~ PX60_90x10° x 60
2mN 2mx250
Considering strength of the shaft. we know that

= 3440 N-m = 3440 = 10 N-mm

r %
J /2
. \ | | | -
DT o ——— = — -
32 .
d3 =35x10°/80=0.438 x 10° or d =76 mm|
Considering rigidity of the shaft. we know that
I X6
3440 x10° 84 % 10° x 0.0175 35x10° 735 | o
—_— = or — 3 = ... (Taking C = 84 kN/mm-)
T % d* 20d d d
32

o d? =35x105/73.5=0.476 = 10° or d=78 mm
Taking the larger of the two values. we have
d = 78 say 80 mum Ans.
Let us now design the cast iron tlange coupling of the protective type as discussed below :



1. Design for hub
We know that the outer diameter of hub,
D =2d=12 = 80=160 mm Ans.
and length of hub, L=15d=15=80=120mm Ans.
Let us now check the induced shear stress in the hub by considering it as a hollow shaft. The

shear stress for the hub matenial (which 1s cast iron) 1s usually 14 MPa. We know that the torque
transmtted ( T),

T 160)* —(g0)*
Ktr[( ) ()}=?54x1{}3t¢

; T —dt
3440 % 10° = —X T, | ——— | = —
16 D 16 160
T, = 3440 % 103/ 754 x 10° = 4.56 N/'mm? = 4.56 MPa

Since the induced shear stress for the hub material 15 less than 14 MPa, therefore the design for
hub 1s safe.

2. Design for key
From Table 13.1, we find that the proportions of key for a 80 mm diameter shaft are :
Width of key, w = 25 mm Ans.
and thickness of key, f = 14 mm Ans.
The length of key (1) 15 taken equal to the length of hub (L).
! = L =120 mm Ans.

Assurmng that the shaﬂ and key are of the same material Let us now check the induced shear
stress in key. We know that the torque transmutted ( T ),

d a0
3440 x 103 = I X wX T X—=120X 25X T; x? =120 x 10% T,

T, = 3440 x 10%/120 x 10° = 28.7 N/mm’ = 28.7 MPa
Since the induced shear stress in the key 1s less than 40 MPa, therefore the design for key 15 safe.



3. Design for flange
The thickness of the flange (E) 1s taken as 0.5 d.
Er'_ﬂjd 0.5 x 80 = 40 mm Ans.
Let us now check the induced shear stress in the cast wron flange by considering the flange at the
junction of the hub under shear. We know that the torque transmutted (T),

2
(160
Xt X %XM}XT =1608 x 10° T,

T, = 3440 x 10°/1608 = 10° = 2.14 N/mm? = 2.14 MPa

Since the induced shear stress in the flange 1s less than 14 MPa, therefore the design for flange
15 safe.

3440 x 10° =

4. Design for bolts

Let dl = Nomunal diameter of bolts.
Since the diameter of the shaft 15 80 mm, therefore let us take number of bolts,
n=4

and pifch circle diameter of bolts,
D, =3d=3 x 80=240 mm

The bolts are subjected to shear stress due to the torque transmitted. We know that torque
transmutted (T7),

5

T 7 T 3 240
3440 = 10% = E{a"l} n X T, x%:z(dl] x4><3ﬁ><T =113ll{r:]'11)2

(d,)* = 3440 x 10°/11 311 =304 ord, = 17.4 mm
Assuming coarse threads, the standard nominal diameter of bolt 1s 18 mm._ Ans.
The other proportions are taken as follows :
Outer diameter of the flange,
D, =4d=4x80=320 mm Ans.
Thickness of protective circumferential flange,
L, = 0.25d=0.25 x 80 = 20 mm Ans.



Example 13.7. Design and draw a piotective tvpe of cast iron flange coupling for a steel shaft
transmitting 15 kW at 200 r.p.m. and having an allowable shear stress of 40 MPa. The working stress
in the bolts should not exceed 30 MPa. Assume that the same material is used for shaft and kev and
that the crushing stress is twice the value of its shear stress. The maximum torque is 25% greater than
the full load torque. The shear stress for cast iron is 14 MPa.

Solution. Given : P=15kW =15 x 10° W : N =200 r.p.m. : T. =40 MPa = 40 N/mm? ;
T, =30 MPa =30 N/mm? ; 0,=21.:7, =125T .1 =14MPa=14 N/mm?

1

The protective type of cast iron flange coupling 1s designed as discussed below :
1. Design for hub

First of all. let us find the diameter of shaft ( 4 ). We know that the full load or mean torque
transmitted by the shaft.

~ PX60 _15x10° X 60

T =
mean 2 @N 2 x 200
and maximum torque transmitted.
T=125T =125x716x 10% =895 x 10° N-mm

il

=716 N-m =716 = 103 N-mm

We also know that maximum torque transmitted (T, ).

895 « 103 = %xrs*xaﬁ :%x4{}xd3=7_86d3



d3 =895 10°/7.86= 113868 ord =484 say 50 mm Ans.
We know that the outer diameter of the hub,
D =2d=2x50=100 mm Ans.
and length of the hub, L =1.54=1.5x50="75 mm Ans.

Let us now check the induced shear stress for the hub matertal which 1s cast iron. by considering
it as a hollow shatt. We know that the maximum torque transmitted (T ).
\
D' -4’

{ 4 2
895 010" = X1, = Ly, | D
6 D /16 "L 100
1. = 895 x 10°/184 100 =486 N/mm” = 4.86 MPa
Since the mduced shear stress m the hub 1s less than the permussible value of 14 MPa, therefore
the design for hub 15 safe.

= 1841007



2. Design for key

Since the crushing stress for the key material is twice its shear stress. therefore a square key may
be used.

From Table 13.1. we find that for a 50 mm diameter shaft,

Width of key. w = 16 mm Ans.
and thickness of key. f = 1w=16 mm Ans.

The length of key (/) is taken equal to the length of hub.

[ = L="T75mm Ans.

Let us now check the induced stresses in the key by considering it in shearing and crushing.

Considering the key in shearing. We know that the maximum torque transmitted (7, ).

d 50
895 x 103 = IX WX T, xE:?leﬁxrkxT=3U;<103Tk

-

T, = 895 x 103/ 30 x 10° =29.8 N/mm? = 29.8 MPa

Considering the key in crushing. We know that the maximum torque transmitted (7, ).
s _ 1yl d _ ., 16 50 .
895 = 10° = KEXG&XE— K?Kﬁckx?—lﬁxlo O.;
0, = 895 x 103/ 15 % 103 = 59.6 N/mm? = 59.6 MPa

Since the induced shear and crushing stresses in key are less than the permissible stresses.
therefore the design for key is safe.



3. Design for flange
The thickness of the flange ( If) 15 taken as 0.5 d.

r}-= 0.5 % 50=25 mm Ans.

Let us now check the induced shear stress in the flange. by considering the flange at the junction
of the hub in shear. We know that the maximum torque transmitted (7. ).

1D’ _m(100)°
895?(].0 —_XTEXF’I—
2 2

1= 895 x 10/392 750 = 2.5 N/mm’ = 2.5 MPa

Since the mduced shear stress m the flange s less than the permussible value of 14 MPa,
therefore the design for flange 1s safe.

XT X235 =3927501,



4. Design for bolts
Let d, = Nominal diameter of bolts.
Since the diameter of shaft is 50 mm. therefore let us take the number of bolts,
n=4
and pitch circle diameter of bolts,
D, =3d=3x50=150mm
The bolts are subjected to shear stress due to the torque transmitted. We know that the

maximum torque transmitted (7, ).

T D w 150
95 10° = ()’ 15 xnx—-= 2 (d)*30 X 4 X = =7070 (@,

(d})* = 895 x 10°/ 7070 = 126.6 or d;=1125mm
Assuming coarse threads. the nearest standard diameter of the bolt 1s 12 mm (M 12). Ans.
Other proportions of the flange are taken as follows :
Outer diameter of the flange.
D, =4d=4x50=200 mm Ans.
Thickness of the protective circumferential flange.
t, = 0.25d=0.25 x 50=12.5 mm Ans.



Flexible Coupling

Flange

—

Driving

)

<«—Flange

Driven Shaft

Shaft ?

Bush

A flexible coupling permits with in certain limits, relative rotation and
variation in the alignment of shafts

*Pins (Bolts) covered by rubber washer or bush is used connect flanges

with nuts

*The rubber washers or bushes act as a shock absorbers and insulators.



Bushed-pin Flexible Coupling

Flange

Cheese head bolt \ \ Brass bush {2 mm thick)
A

Rubber bush
(6 mm thick) —

L J L—5 mim

|-:1—I‘_-]_5 d—--l'f--q—L—l_Sd—;}




Bushed-pin flexible coupling

* |t is a modification of the rigid type of flange coupling.
The coupling bolts are known as pins. The rubber or
leather bushes are used over the pins.

» The two halves of the coupling are dissimilar in
construction. A clearance of 5 mm is left between the face

of the two halves of the coupling.

 There is no rigid connection between them and the drive
takes place through the medium of the compressible
rubber or leather bushes.

« The main modification is to reduce the bearing pressure
on the rubber or leather bushes and it should not exceed
0.5 N/mm2.




Let I = Length of bush 1n the flange,
d, = Diameter of bush,
Py, = Bearing pressure on the bush or pin,
n = Number of pins, and
D, = Diameter of pitch circle of the pims.
We know that bearing load acting on each pin,
W =pyxdyxI
.". Total bearing load on the bush or pins
=Wxn=p,xd,*]xn

torque transiutted by the coupling, |
I= Wxn[%]:pbxdz xfxn[%]



Direct shear stress due to pure torsion in the coupling halves,

t=- W W
L@ EEIERRA
LTS
Since the pin and the rubber or leather bush 1s not R

r1g1dly held in the left hand flange, therefore the tangenfial

load (W) at the enlarged portion will exert a bending

—

action on the pin as shown m Fig. 13.16. The bush portion AT,
of the pin acts as a canttlever beam of length /. Assuming |

.,"\.

a uniform distribution of the load ¥ along the bush, the | ] »| e 5 mm
maximum bending moment on the pin,
] | Fig. 13.16
M=W 3 + 5 mm
We know that bending stress,
[
i W [E +5 11]]]1]
07 Z m 3
— (@)

. -~ g
i T N
— —



Mo proncpl tes

1
:Eb+ $+4F}

and the maumu shear siress on the pin

|
=0 4T
)

The value of maxmum pricipal tress vartes from 28 o 42 MPa

Note: After destgnng the pins and rubber bush, the hub, key and flange may be destoned in the stmilar way as
discussed for flange couplimg



Pbm:1 Design a bushed-pin type of flexible coupling to
connect a pump shaft to a motor shaft transmitting 32 kW at
960 r.p.m. The overall torque is 20 percent more than mean

torque. The material properties are as follows :

(a) The allowable shear and crushing stress for shaft and key material is 40
MPa and 80 MPa respectively.

(b) The allowable shear stress for cast iron is 15 MPa.

(c) The allowable bearing pressure for rubber bush is 0.8 N/mmz2.

(d) The material of the pin is same as that of shaft and key.

Draw neat sketch of the coupling.
Given data :

P=32kW=32x103W ;N=960r.p.m.;
Tmax = 1.2 Tmean ;

1S = 1k =40 Mpa =40 N/mm?2 ;

ocs = ock = 80 MPa = 80 N/mm?2 ;

tc =15 MPa= 15 N/mm?2 ; pb = 0.8 N/mm?2



1. Design for pins and rubber bush

First of all, let us find the diameter of the shaft (). We know that the mean torque transmtted by
the shaft.

_PX60_32X10° X 60
ma o ogN 21X 960
and the maximum or overall torque transmutted,

I =127 =12x3183=38)N-m=382 x 10° N-mm
We also know that the maximum torque transmutted by the shaft (T, ),

=3183 N-m

T n
380100 = — X1, Xd° =—x40xd’ =7864°
16 16

¢ =380 %10°/7.86=48.6 ¥ 10° or d=36.5 say 40 mm

We ham e discussed i ngid type of flange coupling that the number of bolts for 40 mm diameter
shatt are 3. In the flexible coupling, we shall use the number of pins () as 6.

_ _ 05d 05x%40
Diameter of pins, d,= e = 7 =§2 mm




Design of Shaft

A shaft is a rotating member usually of circular cross-section
(solid or hollow), which transmits power and rotational
motion.

Machine elements such as gears, pulleys (sheaves),
flywheels, clutches, and sprockets are mounted on the shaft
and are used to transmit power from the driving device
(motor or engine) through a machine.

Press fit, keys, dowel, pins and splines are used to attach
these machine elements on the shaft.

The shaft rotates on rolling contact bearings or bush bearings.

Various types of retaining rings, thrust bearings, grooves and
steps In the shaft are used to take up axial loads and locate
the rotating elements.

Couplings are used to transmit power from drive shaft (e.g.,
motor) to the driven shaft (e.g. gearbox, wheels).



The connecting shaft is loaded
primarily In torsion.

Driven machine

Motor Coupling (2) \___

N\ o Shaft

y ) -
- Bearing (2)
= e

(a) Connecting shaft



Introduction

A shaft Is a rotating machine element which is used to
transmit power from one place to another. The power is
delivered to the shaft by some tangential force and the
resultant torque (or twisting moment) set up within the shaft
permits the power to be transferred to various machines
Inked up to the shaft.

n order to transfer the power from one shaft to another, the
various members such as pulleys, gears etc., are mounted
on it.

In other words, we may say that a shaft is used for the
transmission of torque and bending moment. The various
members are mounted on the shaft by means of keys or
splines.




Material Used forShafts

The material used for shafts should have the following properties :

1.1t should have high strength.

2.1t should have good machinability.

3.1t should have low notch sensitivity factor.
4.1t should have good heat treatment properties.
5.1t should have high wear resistant properties.
The material used for ordinary shafts is carbon steel of grades 40 C 8,45 C

8,50C 4 and 50 C 12.

The mechanical properties of these grades of carbon steel are given in the

following table.

Table 14.1. Mechanical properties of steels used for shafts.

Indian standard designation

Ultimate tensile strength, MPa

Yield strength, MPa

40C8
45C8
50C4
S50C 12

560 - 670
610 - 700
640 - 760
700 Min.

320
350
370
390

When a shaft of high strength is required, then an alloy steel such as nickel, nickel-

chromium




Manufacturing of Shafts

Shafts are generally manufactured by hot rolling and
finished to size by cold drawing or turning and grinding. The
cold rolled shafts are stronger than hot rolled shafts but with
higher residual stresses.

The residual stresses may cause distortion of the shaft
when it Is machined, especially when slots or keyways are cut.
Shafts of larger diameter are usually forged and turned to size in
a lathe.



Types of Shafts

The following two types of shafts are important from the subject
point of view :

1. Transmission shafts. These shafts transmit power between the
source and the machines absorbing power. The counter shafts,
line shafts, over head shafts and all factory shafts are
transmission shafts. Since these shafts carry machine parts such
as pulleys, gears etc., therefore they are subjected to bending in
addition to twisting.

2.Machine shafts. These shafts form an integral part of the
machine itself. The crank shaft is an example of machine shaft.



Standard Sizes of Transmission Shafts

The standard sizes of transmission shafts are :
25 mm to 60 mm with 5 mm steps;
60 mm to 110 mm with 10 mm steps ;
110 mm to 140 mm with 15 mm steps ;
140 mm to 500 mm with 20 mm steps.
The standard length of the shaftsare 5 m, 6 mand 7 m.



Stresses 1n Shafts

The following stresses are induced in the shafts :

1.Shear stresses due to the transmission of torque (i.e. due to
torsional load).

2.Bending stresses (tensile or compressive) due to the forces
acting upon machine elements like gears, pulleys etc. as well
as due to the weight of the shaft itself.

3.Stresses due to combined torsional and bending loads.



Maximum Permissible Working Stresses for

Transmission Shafts

According to American Society of Mechanical Engineers (ASME) code for the
design of transmission shafts, the maximum permissible working stresses in
tension or compression may be taken as

(a)112 MPa for shafts without allowance for keyways.

(b)84 MPa for shafts with allowance for keyways.

For shafts purchased under definite physical specifications, the permissible tensile
stress (ot) may be taken as 60 percent of the elastic limit in tension (cel), but not
more than 36 percent of the ultimate tensile strength (cu). In other words, the
permissible tensile stress,

ot = 0.6 oel or 0.36 ou, whichever is less.

The maximum permissible shear stress may be taken as

(a)56 MPa for shafts without allowance for key ways.

(b)42 MPa for shafts with allowance for keyways.

For shafts purchased under definite physical specifications, the permissible shear
stress (t) may be taken as 30 per cent of the elastic limit in tension (cel) but not
more than 18 percent of the ultimate tensile strength (cu). In other words, the
permissible shear stress,

T = 0.3 oel or 0.18 ou, whichever is less.



Design of Shafts

The shafts may be designed on the basis of
1. Strength 2. Rigidity and stiffness.

In designing shafts on the basis of strength, the following cases
may be considered :

(a)Shafts subjected to twisting moment or torgue only,
(b)Shafts subjected to bending moment only,

(c)Shafts subjected to combined twisting and bending
moments, and

(d)Shafts subjected to axial loads in addition to combined
torsional and bending loads.

We shall now discuss the above cases, in detail, in the following
pages.



olladlts oubjecCied 0 1 Wisting
Moment Only

When the shaft is subjected to a twisting moment (or torque)
only, then the diameter of the shaft may be obtained by using
the torsion equation. We know that

=z_ ¥0

where

T = Twisting moment (or torque) acting upon the shaft,

J = Polar moment of inertia of the shaft about the axis of
rotation,

t = Torsional shear stress, and

r = Distance from neutral axis to the outer most fibre

=d / 2; where d Is the diameter of the shatft.



We know that for round Snli_d shaft, polar moment of inertia,

J= LY, d*
32
The equation (/) may now be wriften as
T T
T . -d @ =" x1xd? -..(id)
— W d - 16
32 2

From this equation, we may determine the diameter of round solid shaft (4 ).
We also know that for hollow shaft, polar moment of inertia,

J= %[(dﬂf — )]

where d and d. = Outside and mside diameter of the shaft, and r=d /2.
Substifuting these values 1n equation (), we have
T 1 (@) - @y
. == o T= EK{{ ﬂ)d(!) } .(iif)
L@t =@yl 2 ;
Let k = Ratio of inside diameter and outside diameter of the shaft
=d./d
1 (1]

Now the equation (/i7) may be written as

o4
T d)* d. m 3 1
— — XTX 1-| 2L |=—x1(d 1-k iy
T s d. q, > (d,) ( ) (i)




From the equations (/i7) or (7v), the outside and mside diameter of a hollow shaft may be
determuned.

It may be noted that

1. The hollow shafts are usually used in marine work. These shafts are stronger per kg of
material and they may be forged on a mandrel, thus making the material more homogeneous than

would be possible for a solid shaft.
When a hollow shaft 1s to be made equal in strength to a solid shaft, the twisting moment of both
the shafts must be same. In other words, for the same material of both the shafts,

4 _ g8
T:EKT (da) {dr) :ixtxda
16 d, 16

S
Gl M) _ 5 o @@ - =d

o
2. The twisting moment (7) may be obtained by using the following relation :

We know that the power transmitted (1n watts) by the shaft,

IRNXT P x 60
P a— or T'="5, W
where T = Twisting moment mn N-m_ and

N = Speed of the shaft mrp.m.
3. In case of belt drives, the twisting moment ( T') 1s given by
T=(I,-T,)R
where T, and T; = Tensions in the fight side and slack side of the belt respectively, and
R = Radius of the pulley.



pbm:1
A line shaft rotating at 200 r.p.m. is to transmit 20 KW. The shaft may be assumed to

be made of mild steel with an allowable shear stress of 42 MPa. Determine the
diameter of the shaft, neglecting the bending moment on the shaft.

Solution.

Given: N =200r.p.m.; P=20 kW =20 x 103 W; t =42 MPa =42 N/mm2
Let d = Diameter of the shaft.
We know that torque transmitted by the shaft,

- Px60 _ 20x10° x 60
~ 2mN 21 % 200

=055 N-m = 955 x 10° N-mm

We also know that torque transmitted by the shaft ( T ),

y 3 T 3
3 3 - —XaxXd =—X42Xd" = 3
055 x 10 16 16 8.25 d

d® =955 x 10°/8.25=115733 or d=48.7 say 50 mm Ans.



Pbm: 2.

A solid shaft is transmitting 1 MW at 240 r.p.m. Determine the diameter of the shaft if
the maximum torque transmitted exceeds the mean torque by 20%. Take the maximum
allowable shear stress as 60 MPa.

Solution.

Given :P=1MW=1x106 W; N=240r.p.m. ; Tmax = 1.2 Tmean ; t= 60 MPa =
60 N/mmz2

Let d = Diameter of the shaft.

We know that mean torque transmitted by the shaft,

P60 1x10° x 60
; = = = - - = 3 -
I .. N 27 % 240 30 784 N-m =39 784 = 10° N-mm

Maximum torque transmitted,
Tmax = 1.2 Tmean = 1.2 x 39784 x 103=47 741 x 103N-mm
We know that maximum torque transmitted (Tmax),

ATT41x10%° = Extxd® == x60x d® =11.78 &°
16 16

d® = 47 741 x 10°/ 11.78 = 4053 x 10*
d = 159.4 say 160 mm Ans.



Pbm: 3.
Find the diameter of a solid steel shaft to transmit 20 kW at 200 r.p.m. The ultimate

shear stress for the steel may be taken as 360 MPa and a factor of safety as 8. If a
hollow shaft is to be used in place of the solid shaft, find the inside and outside
diameter when the ratio of inside to outside diameters is 0.5.

Solution.

Given: P=20kW =20 x 103 W ,; N =200 rp.m. ; tu = 360 MPa = 360 N/mm?;
FS.=8;k=di/do=0.5

We know that the allowable shear stress,

T 360

= — =45 N/mm?
ES. 8

Diameter of the solid shaft
Let d = Diameter of the solid shatft.
We know that torque transmitted by the shaft,

r_ Px60 _ 20 x 10° x 60

- = - = LG 3 -
27N | 2mx 200 955 N-m = 955 x 10° N-mm

o

We also know that torque transmitted by the solid shaft (T),

955 x 10° = %xrxd3=%x45xd3 = 8.84 d°

d® =955 x 10°/8.84 =108032 or d=47.6say 50 mm Ans.



Diameter of hollow shaft
Let di = Inside diameter, and do = Outside diameter.
We know that the torque transmitted by the hollow shaft ( T ),

955 x 10° = %x t(d,)® (1- &%)

N %x 45 (d,)* [1- (0.5)*] =8.3 (d)?

(d)* =955x10°/83=115060 or d =48.6 say 50 mm Ans.
d =0.5d,=0.5 x50 =25mm Ans.



Shafts Subjected to Bending
Moment Onl

When the shaft is subjected to a bending moment only, therf the maximum stress (tensile or
compressive) is given by the bending equation. We know that
M o,

I Yy

where M = Bending moment,
| = Moment of inertia of cross-sectional area of the shaft about the axis of rotation,
ob = Bending stress, and
y = Distance from neutral axis to the outer-most fibre.

We know that for a round solid shaft, moment of inertia,

7= L xd' and y = d
Substituting these values in equation (i), we have

M O T
= r M= —xo,xd
’ 32"




From this equation, diameter of the solid shaft (d) may be
obtained. We also know that for a hollow shaft, moment of
inertia,

1= 2@ - @) = @) (=) k=)
y=d]/2

Again substituting these values in equation (i), we have

J‘] 0) .
— (d,)* @ -«*
64 (d,) )

-~ 4, 32
2

From this equation, the outside diameter of the shaft (do) may be obtained.



Pbm:1

A pair of wheels of a railway wagon carries a load of 50 kN on each axle box, acting
at a distance of 100 mm outside the wheel base. The gauge of the rails is 1.4 m. Find
the diameter of the axle between the wheels, if the stress is not to exceed 100 MPa.

Solution.
Given : W=50kN =50 x 103N :L=100mm ;x=1.4m:; ob =100 MPa = 100 N/mm?

50 kN 50 kN
100 mm fte——— 1 4m ——» 100 mm
A =B
C D
Re Ry

The axle with wheels is shown in Fig. 1.

A little consideration will show that the maximum bending moment acts on the wheels at
C and D. Therefore maximum bending moment,

*M=W.L=50x103%x 100 =5 x 108 N-mm

The maximum B.M. may be obtained as follows :

RC =RD =50 kN =50 x 103N

B.M.atA, MA=0

B.M. at C, MC =50 x 102 x 100 =5 x 106 N-mm

B.M. at D, MD =50 x 10 x 1500 — 50 x 103 x 1400 = 5 x 106 N-mm

B.M.atB, MB =0



Let d = Diameter of the axle.
We know that the maximum bending moment (M),

T 3 n 3
5 x 10 37 Ob 3 9.82 d
d® =5x10%/9.82 = 0.51 x 10° or d=79.8 say 80 mm Ans.



Shafts Subjected to Combined Twisting Moment and Bending Moment

When the shaft is subjected to combined twisting moment and bending moment, then the
shaft must be designed on the basis of the two moments simultaneously. Various theories
have been suggested to account for the elastic failure of the materials when they are
subjected to various types of combined stresses. The following two theories are important
from the subject point of view :

1.Maximum shear stress theory or Guest's theory. It is used for ductile materials such
as mild steel.

2.Maximum normal stress theory or Rankine’s theory. It is used for brittle materials
such as cast iron.
Let T = Shear stress induced due to twisting moment, and
ob = Bending stress (tensile or compressive) induced due to bending moment.
According to maximum shear stress theory, the maximum shear stress in the shatft,
1

T = I[n:sb}2 +47°

Imax E



Substituting the values of T and ob from Art. 14.9 and Art. 14.10, we have

. %\/[SZMT +4[IETT _ 16 [JW}

nd’ Td nd

T 3 2 2
— % T ®d =
16 " max M=+ T

The expression , / M? + T? isknown as equivalent twisting moment and is denoted by T . The

equivalent twisting moment may be defined as that twisting moment, which when acting alone, produces
the same shear stress (t) as the actual twisting moment. By limiting the maximum shear stress (t__)
equal to the allowable shear stress (t) for the material, the equation (/) may be written as

T = JMZ+T° =%xrxd3 (i)

From this expression, diameter of the shaft ( d) may be evaluated.
Now according to maximum normal stress theory, the maximum normal stress in the shaft,

1 1

= Z0p +=(0p)? +47° ... (i)
2 2

_ 1, 32M 1 [(32M)  ,(16TY

2 md® 2 nd® nd*

= i[% (M+,/M2 + TZ)}

xd’

o4 %xob(mﬂ) xd> = %[M + \/MZ 3 TZ:I ..(i¥)

o-b {max)




1
The expression - [(M +yM?+ T )] is known as equivalent bending momentand is denoted

by M . The equivalent bending moment may be defined as that moment which when acting alone
produces the same tensile or compressive stress (g,) as the actual bending moment. By limiting
the maximum normal stress [o b(max)l equal to the allowable bending stress (c,), then the equation (iv)

may be written as _ '
M, = %[M+,/M2+T2] =3—n2><<5,,><d3 (V)

From this expression, diameter of the shaft ( d) may be evaluated.
Notes: 1. In case of a hollow shaft, the equations (/i) and (v) may be written as

F S JMZ + T2 =%xr(do)3 (1- k%)

s M = %(M+,/1w?+rz)=3_"2xob (d.)® (1- k")

e

2. It is suggested that diameter of the shaft may be obtained by using both the theories and the larger of the
two values is adopted.



Pbm:1.

A solid circular shaft is subjected to a bending moment of 3000 N-m and a torque of

10 000 N-m. The shaft is made of 45 C 8 steel having ultimate tensile stress of 700 MPa and
a ultimate shear stress of 500 MPa. Assuming a factor of safety as 6, determine the diameter
of the shaft.

Solution. Given : M= 3000 N-m = 3 x 105 N-mm ; 7= 10 000 N-m = 10 x 10° N-mm ;
o, = 700 MPa = 700 N/mm?; t, = 500 MPa = 500 N/mm?

We know that the allowable tensile stress,

| Ctu 0 2
C,0rG, = FS = 5 116.7 N/mm?*
and allowable shear stress,
—.T” -500—833N/ 2
T = s T mm
Let d = Diameter of the shaft in mm.

According to maximum shear stress theory, equivalent twisting moment,

T, = JM? + T2 =|(3x10°)? + (10x10°)? =10.44 x 10° N-mm

We also know that equivalent twisting moment (7)),
n . B 3
10'44X106=EXTXd =EX83-3><d =16.36 d°

d® = 10.44 x 10°/16.36 = 0.636 x 10° or d=86 mm



According to maximum normal stress theory, equivalent bending moment,

M =1(M+ MZT2)=L M+ T)

e

— 1 (3x10° +10.44 x 10°) = 6.72 x 105 N-mm
We also know that the equivalent bending moment (A1),

7T 3 T 3
B — — O Xd =—1186.TXd" = 3
6.72 < 10 32 b 32 11.46 4

2 d?® = 6.72 x 10°/11.46 = 0.586 x 10° or d=83.7 mm
Taking the larger of the two values, we have
d = 86 say 90 mm Ans.



Pbm:2. A line shaft is driven by means of a motor placed vertically below it. The pulley on
the line shaft is 1.5 metre in diameter and has belt tensions 5.4 kN and 1.8 kN on the tight
side and slack side of the belt respectively. Both these tensions may be assumed to be vertical.
If the pulley be overhang from the shaft, the distance of the centre line of the pulley from the
centre line of the bearing being 400 mm, find the diameter of the shaft. Assuming maximum
allowable shear stress of 42 MPa.

Given:D=15morR=0.75m; T1=54KkN=5400N; T2=1.8kN =1800 N ;
L=400mm ; t =42 MPa = 42 N/mm2

Solution :

We know that torque transmitted by the shaft,

T=(T1-T2) R = (5400 - 1800) 0.75 = 2700 N-m

= 2700 x 103 N-mm

~—A00 mm ————— e ] 5 ——=
Y |

W TI TE




Neglecting the weight of shaft, total vertical load acting on the pulley,
W=T,+T,=5400 +1800="T200 N
-. Bending moment, M = Wx L="7200 x 400 = 2880 x 10° N-mm

Let d = Diameter of the shaft in mm.
We know that the equivalent twisting moment,

T= M%+ T = /(2880 x 10°)” + (2700 x 10°)’
= 3950 x 10° N-mm

We also know that equivalent twisting moment (7)),

T 3 T 3
3_—_—><‘th =—X42Xd = 3
3950 x 10 " T 8.25d

d* = 3950 x 10%8.25 = 479 x 10° or d =78 say 80 mm Ans.



Pbm:3.

A shaft supported at the ends in ball bearings carries a straight tooth spur gear

at its mid span and is to transmit 7.5 kW at 300 r.p.m. The pitch circle diameter of the
gear is 150 mm. The distances between the centre line of bearings and gear are 100 mm
each. If the shaft is made of steel and the allowable shear stress is 45 MPa, determine
the diameter of the shaft. Show in a sketch how the gear will be mounted on the shaft;
also indicate the ends where the bearings will be mounted?

The pressure angle of the gear may be taken as 20°.

Solution. Given : P=7.5 kW = 7500 W; N =300 rrp.m.; D = 150 mm = 0.15 m;
L=200mm=0.2m;t=45MPa=45 N/mm?; a = 20°

Fig. 14.2 shows a shaft with a gear mounted on the bearings.

Gear
. i T E Shaft
Bearing 150 mm [— Bearing
Y =
le—— 100 mm —+\ 100 mm ——
- 200 mm o

Fig. 14.2



We know that torque transmitted by the shafft,
Px60 7500 x 60

“PRN ZEdae0 SR
.. Tangential force on the gear,
o AL _ERERT_ migpan
D 0.15

and the normal load acting on the tooth of the gear,
F,  3182.7 3182.7

cosa.  cos20° 0.9397
Since the gear is mounted at the middle of the shaft, therefore maximum bending moment at the
centre of the gear,

W= =3387TN

- W;.L " 33874>< 0.2 _ 1694 Nom
Let d = Diameter of the shaft.

We know that equivalent twisting moment,

T, = M? + T? = /(169.4)% + (238.7)2 =292.7N-m
= 292.7 x 10* N-mm
We also know that equivalent twisting moment (7),

n 3 T 3
i rd ===x 45 d" = 3
292.7 x 10 T 16 8.84 d

292.7 x 10°/8.84 =33 x 10° or d=32say 35 mm Ans.

d3



Example 14.7. A shaft made of mild steel is required to transmit 100 kW at 300 r.p.m. The
supported length of the shaft is 3 metres. It carries two pulleys each weighing 1500 N supported at a
distance of 1 metre from the ends respectively. Assuming the safe value of stress, determine the
diameter of the shalft.

Solution. Given : P=100 kW =100 x 10° W; N=300r.p.m.; L=3m; W=1500 N
We know that the torque transmitted by the shaft,

Px60 100 x 10’ x 60

T = = = 3183 N-m
2n N 21 x 300
The shaft carrying the two pulleys is like a simply 1500 N 1500 N
supported beam as shown in Fig. 14.3. The reaction l
at each support will be 1500 N, i.e. A B
D
R, = Ry;=1500N I ¢ T
_,| I-d—l
A little consideration will show that the n =
* | 3m > 1
maximum bending moment lies at each pulley ie.at p R
Cand D. A = B
g 143

. Maximum bending moment,

M = 1500 x 1 = 1500 N-m
Let d = Diameter of the shaft in mm.
We know that equivalent twisting moment,

T = (M?+ T? = [(1500) + (3183)> =3519 N-m

= 3519 x 10° N-mm
We also know that equivalent twisting moment (7)),

n T
3519 x 10° = 16 XoXid® = 6 x 60x d*=11.8 &3 ...(Assuming T = 60 N/mm?)

d® = 3519 x 10°/11.8 =298 x 10° or d=66.8 say 70 mm Ans.



Pbm:5

shaft is supported by two bearings placed 1 m apart. A 600 mm
diameter
pulley is mounted at a distance of 300 mm to the right of left hand bearing
and this drives a pulley directly below it with the help of belt having
maximum tension of 2.25 kN. Another pulley 400 mm diameter is placed
200 mm to the left of right hand bearing and is driven with the help of
electric motor and belt, which is placed horizontally to the right. The angle of
contact for both the pulleys is 180° and u = 0.24. Determine the suitable
diameter for a solid shaft, allowing working stress of 63 MPa in tension and
42 MPa in shear for the material of shaft. Assume that the torque on one
pulley is equal to that on the other pulley.

Given :
AB=1m; DC=600mmorRC=300mm=0.3m;
AC=300mm=0.3m; T1=225kN=2250N ;
DD =400 mmor RD =200 mm =0.2 m;
BD=200mm=0.2m;
0=180°=mnrad ; u=0.24 ; cb = 63 MPa = 63 N/mm2 ;
T =42 MPa = 42 N/mm2



-
23 log (—1 = 1L0=024 x 1=0.754
1y
(1) 074 I -
log| = | =——=03278 or . =2127 . (Taking antilog of 0.3278)
L) 23 h
L 250

and =1058 N

ERETETRERTY
.. Vertical load acting on the shaft at C,
We =T, +T,=2250+ 1058 =3308 N
and vertical load on the shaft at D
=0
The vertical load diagram 1s shown 1 Fig. 14.5 (c).
We know that torque acting on the pulley C,
I'=(T,-T,)R.=(2250-1058) 0.3 =357.6 N-m



We know that torque acting on the pulley C,
T = (T, - T,) R = (2250 — 1058) 0.3 = 357.6 N-m
The torque diagram is shown in Fig. 14.5 (b).
Let T, = Tension 1n the tight side of the belt on pulley D, and
T, = Tension 1n the slack side of the belt on pulley D.
Since the torque on both the pulleys (i e. C and D) 1s same, therefore

3576 3576
(T,—T) R, = T=3576N-m or T,—T,= = = 1788 N
Rp
I [
We know that = 2 =2 =2127 or T3 =2.127 T4
T, I

I, =3376N.and T, = 1588 N
.. Horizontal load acting on the shaft at D,
W, = T,+ T,=3376+ 1588 = 4964 N
and honizontal load on the shaft at C=0
The horizontal load diagram 1s shown in Fig. 14.5 (d).

Now let us find the maximum bending moment for vertical and horizontal loading.
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First of all. considering the vertical loading at C. Let R ,;; and Ry, be the reactions at the bearings
A and B respectively. We know that

Ryy+ Rgy = 3308 N

Taking moments about 4.
Rgy x1 =3308%03 or Ry, =9924N
and le = 3308 -9924=23156N

We know that BM. at 4 and B,
My, = Mg, =0
BM. at C, Moy = Rpppx03=23156=%03=694.7 N-m
BM atD. My, = Ry % 02=992.4x 02=1985N-m
The bending moment diagram for vertical loading in shown in Fig. 14.5 (e).

Now considenng horizontal loading at D. Let R, ;;and Ry be the reactions at the beanings 4 and
B respectively. We know that

Ryt Ry = 4964 N

Taking moments about 4.
Rpy* 1 =4964% 08 or Rgy=3971N
and Ry =4964-3971=993 N
We know that BM. at 4 and B.
My = Mgy=10
BM. at C, My = Rpy*03=993%03=2979N-m

BM. atD. Mpy; = Ry 0.2=3971 x 0.2 =794.2 N-m



Resultant B M. at C,

Mc = \/{Mw P+ (Mey) = J(ﬁgr-t_?f +(297.9)* =756 N-m
and resultant BM. at D,

My = \J(Mpy)? + (Mpg)® =(198.5)° + (794.2)° =819.2N-m
The resultant bending moment diagram 15 shown in Fig. 14.5 (g).
We see that bending moment 15 maximum at D).

.. Maximum bending moment,
M = Mp=8192N-m
Let d = Diameter of the shaft.

We know that equivalent twisting moment,

T, = M} + 1% =(819.2) + (357.6)* =894 N-m

= 894 x 10° N-mm
We also know that equivalent twisting moment (T),

894 x 10° = %xrxaﬁ =%x42xd3’ —8254°

d3=894=10°/825=108 » 10° or d=47.6 mm



Example 14.11. 4 steel solid shaft transmitting 15 kW at 200 r.p.m. is supported on two bearings
750 mm apart and has two gears keyed to it. The pinion having 30 teeth of 5 mm module is located
100 mm to the left of the right hand bearing and delivers power horizontally to the right. The gear
having 100 teeth of 5 mm module is located 150 mm to the right of the left hand bearing and receives
power in a vertical direction from below. Using an allowable siress of 54 MPa in shear, defermine
the diameter of the shafft.

Solution. Given : P =15 kW = 15 x 10° W: N = 200 rpm. ; 4B = 750 mm ; Ty =30;
mp=>5mm ; 5D =100mm ; I =100 ;m-=5mm ; AC =150 mm ; T=54 MPa = 54 N/mm?

The space diagram of the shaft 1s shown mn Fig. 14 8 (a).

We know that the torque transmitted by the shaft,

Px60 15%10° X 60 ;
T = = =716 N-m = 716 x 10° N-mm
2TN  2mx 200

The torque diagram 1s shown mn Fig. 148 (b).

We know that diameter of gear
= No. of teeth on the gear * module
.. Radws of gear C,

T Xme _100X5
R = > =75 = 250 mm
and radius of pinion D,
TD Ly 30 x5
Rp = =
- 2 - E -
Assuming that the torque at C and D is same (i.e. 716 x 10° N-mm), therefore tangential force
on the gear C, acting downward,

T 71 w1 T T1E w100
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First of all, considering the vertical loading at C. Let R y,and Ry, be the reactions at the bearmgs
A and B respectively. We know that
R+ Ry = 2870N
Taking moments about 4, we get
Roy X 750 = 2870 x 150

BM.at C, My = Ry % 150 = 2296 x 150 = 344 400 N-mm
BM. at D, Mp,, = Rgy; % 100 =574 x 100 = 57 400 N-mm
The B.M. diagram for vertical loading 1s shown in Fig. 14.8 (e).

Now considering horizontal loading at D_ Let R, ;and Ry, be the reactions at the bearings 4 and
B respectively. We know that

R+ Rp = 9550 N
Taking moments about 4, we get
Ry * 750 = 9550 (750 — 100) = 9550 x 650
S Ry = 9550 x 650/ 750=8277TN
and Ry = 9550-8277=1273 N
We know that B M. at 4 and B,
Myy = Mgy =0
BM.at C, Mey = Ry x 150=1273 x 150 = 190 950 N-mm
BM. at D, Moy = Rgy % 100 =8277 % 100 =827 700 N-mm
The B M. diagram for honizontal loading 1s shown in Fig. 14.8 (f).



We know that resultant B.M. at C,

Mg = (Mcy) + (Mcg)® = (344 400)” + (190 950)’
= 393 790 N-mm
and resultant B M. at D,

My = [(Mpy)? + (Mpg)® =+(57 400)° + (827 700)’
= 829 690 N-mm

The resultant B M. diagram 15 shown m Fig. 148 (g). We see that the bending moment 1s
maximum at D.

. Maximum bending moment,

M = My= 8§29 690 N-mm
Let d = Diameter of the shaft.
We know that the equivalent twisting moment,

T, = JM? +T? = /(829 690) + (716 x 10°)} = 1096 x 10° N-mm
We also know that equivalent twisting moment (7)),

1006 x 10° = Fxtxd® =~ x54x d’ =106 d3
16 16

d? = 1096 x 10°/10.6 =103.4 = 10°

or d =47 say 50 mm Ans.



Example 14.9. A shaft is supported by two bearings placed 1 m apart. A 600 mm diameter
pulley is mounted at a distance of 300 mm to the right of left hand bearing and this drives a pulley
directly below it with the help of belt having maximum tension of 2.25 kN. Another pulley 400 mm
diameter is placed 200 mm to the left of right hand bearing and is driven with the help of electric

)
o
g

[l

D Pulley

A
motor and belt, which is placed horizontally to the right. The angle of contact for both the pulleys is B JX_

180° and p = 0.24. Determine the suitable diameter for a solid shaft, allowing working stress of

pulley is equal to that on the other pulley.

63 MPa in tension and 42 MPa in shear for the material of shaft. Assume that the torque on one L
2

LI

00

250

Solution. Given: AB=1m ; D. =600 mmor R-=300mm=0.3m; AC=300mm=0.3m ;
T, =225 kN = 2250 N: D, = 400 mm or R, = 200 mm = 0.2 m ; BD = 200 mm = 0.2 m ;
0=180°=mrad;pn=0.24;0,=63 MPa=63 N/mm?; t = 42 MPa = 42 N/mm?

The space diagram of the shaft is shown in Fig. 14.5 (a).

Let T, = Tension in the tight side of the belt on pulley C= 2250 N

...(Given)
T, = Tension in the slack side of the belt on pulley C.

We know that
. 7;_
2.3 log 7 =n0=0.24 xnt=0.754
2.
.l ];- —'w—03278 3—2127 ak log of 0.3278
og 7 =53 =0 or T <% ...(Taking antilog of 0. )
d L= 4 =2250—1058N
— 27 2127 2127~

. Vertical load acting on the shaft at C,
We =T, +T,=2250 + 1058 = 3308 N
and vertical load on the shaft at D
=0

Jr

Pt

800

Zany
Y

Y



The vertical load diagram is shown in Fig. 14.5 (¢).
We know that torque acting on the pulley C,
T=(T,-T,) R.= (2250 - 1058) 0.3 = 357.6 N-m
The torque diagram is shown in Fig. 14.5 (b).
Let T, = Tension in the tight side of the belt on pulley D), and
T, = Tension in the slack side of the belt on pulley D.
Since the torque on both the pulleys (i.e. C and D) is same, therefore

(T3— T4) R,=T=35I6N-mor I,-T,= ot = Eie = 1788 N
R, 0.2
&7
We know that === =2.12T or T3=2.127 T4
I, T,

From equations (/) and (i), we find that
T, = 3376 N, and 7, = 1588 N
.. Horizontal load acting on the shaft at D,
W, =T,+T,=3376 + 1588 = 4964 N
and horizontal load on the shaft at C=0
The horizontal load diagram is shown in Fig. 14.5 (d).

A1)

..(d)

Now let us find the maximum bending moment for vertical and horizontal loading.
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(/) Horizontal B.M. diagram.

(2) Resultant B.M. diagram.



First of all, considering the vertical loading at C. Let K, and R, be the reactions at the bearings

A and B respectively. We know that

and

R, + Ry, = 3308 N
Taking moments about 4,
Ry, x1 =3308 x0.3 or R, =9924 N
R,, = 3308 - 992.4 = 2315.6 N
We know that B.M. at A and B,

MAV = Mg, =0
B.M. at C, M, = Ry, x0.3=2315.6 x 0.3 =694.7 N-m
B.M. at D, My, = Ry, x0.2=992.4 x 0.2 = 198.5 N-m

The bending moment diagram for vertical loading in shown in Fig. 14.5 (e).

Now considering horizontal loading at D). Let R, ;, and Ry, be the reactions at the bearings A and

Brespectively. We know that

and

R, + Ry = 4964 N
Taking moments about A,
Ry x1 =4964x08 or R;,=3971N

R,,, = 4964 -3971 =993 N
We know that B.M. at A and B,

MAH B MBH= 0
B.M. at C, My = Ry % 0.3 =993 x 0.3 =297.9 N-m
B.M. at D, My, = Ry x0.2=3971 x 0.2=794.2 N-m

The bending moment diagram for horizontal loading is shown in Fig. 14.5 ( £).



Resultant B.M. at C,

My = J(Mey)? + (Meyy)? = (694.7)7 + (297.9)2 =756 N-m
and resultant B.M. at D,

My = J(Mpy)? + (Mpy;)? = [198.5) + (794.2)2 =819.2 N-m
The resultant bending moment diagram is shown in Fig. 14.5 (g).
We see that bending moment is maximum at D.

. Maximum bending moment,

M = M, =819.2 N-m
Let d = Diameter of the shaft.
We know that equivalent twisting moment,

T, = JM? + T? = /(819.2)? + (357.6)> =894 N-m
= 894 x 10° N-mm
We also know that equivalent twisting moment (T),

894 x 10? = %xtxd?':%xﬂxdz —8.25 48

- d® =894 x 10°/8.25 =108 x 10° or d=47.6 mm
Again we know that equivalent bending moment,

M =L (M+yM2+T2) =L (M +T)
B ¢
T2

(819.2 + 894) =856.6 N-m = 856.6 x 10° N-mm



We also know that equivalent bending moment (M),

856.6 x 10°

L xo,xd®* ==x63xd®=62d3
32 32

d* = 856.6 x 10%6.2 =138.2 x 10° or d=51.7 mm

Taking larger of the two values, we have
d = 51.7 say 55 mm Ans.



Shafts Subjected to Fluctuating Loads

In the previous articles we have assumed that the shaft is subjected to constant torque
and bending moment. But in actual practice, the shafts are subjected to fluctuating
torque and bending moments. In order to design such shafts like line shafts and counter
shafts, the combined shock and fatigue factors must be taken into account for the
computed twisting moment (T ) and bending moment (M ). Thus for a shaftsubjected
to combined bending and torsion, the equivalent twisting moment,

T = .\/{K_,” x M)? + (K, + T)?
and equivalent bending moment,

M, = %I:Km X M + \;{Km . qu’f}z + {K! * T}Z:I

@

where  Km = Combined shock and fatigue factor for bending, and
Kt = Combined shock and fatigue factor for torsion.
The following table shows the recommended values for Km and Kt.



Table 14.2. Recommended values for K, and K,

Nature of load K K,
1. Stationary shafts
(a) Gradually applied load 1.0 1.0
(b) Suddenly applied load 1.5t0 2.0 1.5t0 2.0
2. Rotating shafts
(a) Gradually applied or 1.5 1.0
steady load
(b) Suddenly applied load 1.5t0 2.0 1.5t0 2.0
with minor shocks only
(9 Suddenly applied load 2.0t0 3.0 1.5t0 3.0
with heavy shocks




Example 14.12. A mild steel shaft transmits 20 kW at 200 r.p.m. It carries a central load of 900

N and is simply supported between the bearings 2.5 metres apart. Determine the size of the shaft, if
the allowable shear stress is 42 MPa and the maximum tensile or compressive stress is not to exceed
56 MPa. What size of the shaft will be required, if it is subjected to gradually applied loads?

Solution. Given : P=20 kW =20 x 10° W; N=200 rp.m.; W=900 N; L =25 m;
©=42 MPa = 42 N/mm?; 6, = 56 MPa = 56 N/mm?

Size of the shaft
Let d = Diameter of the shaft, in mm.

We know that torque transmitted by the shaft,

Px60 20x10° x 60
T = = =955 N-m = 955 x 10* N-
2nN  2mx 200 B
and maximum bending moment of a simply supported shaft carrying a central load,

900 x 2.5
M = W: b Z 25 _ 562.5 N-m = 562.5 x 10° N-mm

We know that the equivalent twisting moment,
T, = M? + T? =/(562.5x 10%)2 + (955 x 10%)?
= 1108 x 10° N-mm
We also know that equivalent twisting moment (7),

1108 x 10° = %xrx d? =%x42xd3 -8.25 d?
d? = 1108 x 103/ 8.25 =134.3 x 103 or d=51.2 mm



We know that the equivalent bending moment,

M, = %[M+\/M2 +T2]=§ (M +T,)
= 1 (562.5x10° + 1108 x10°) =835.25 x 10* N-mm
We also know that equivalent bending moment (M),

83525 x 10° = " x5, x d® = L x 56 x d° = 5.5 d°
32 32

2, d® = 835.25 x 10%/5.5 =152 x 10° or d=53.4 mm
Taking the larger of the two values, we have
d = 53.4 say 55 mm Ans.



Size of the shaft when subjected to gradually applied load
Let d = Diameter of the shaft.
From Table 14.2, for rotating shafts with gradually applied loads,
K =15and K, =1
We know that equivalent twisting moment,

T, = J(K, x M) + (K, x T)?
= J(1.5x 5625 x10%)? + (1 x 955 x 10%)? = 1274 x 10* N-mm

We also know that equivalent twisting moment (7)),

1274x10° = ~xtxd® =~ x 42 x d® =8.25 d°
16 16
d® =1274 x 103/ 8.25=154.6 x 10°® or d=53.6 mm

We know that the equivalent bending moment,

M, = L[ K, x M+ (K, x M2+ (K, x D)2 | =L [K, x M +T,]

e

= 1[1.5% 562.5 x10° + 1274 x 10° | = 1059 x 10* N-mm
We also know that equivalent bending moment (M),

1059 x 10° = - x 6, X d° = — x 56 x d° = 5.5 d?
32 32
d® = 1059 x 103/ 5.5 = 192.5 x 103= 57.7 mm

Taking the larger of the two values, we have
d = 57.7 say 60 mm Ans.



Example 14.13. Design a shaft to transmit power from an electric motor to a lathe head stock
through a pulley by means of a belt drive. The pulley weighs 200N and is located at 300 mm from the
centre of the bearing. The diameter of the pulley is 200 mm and the maximum power transmitted is
1 kW at 120 rp.m. The angle of lap of the belt is 180° and coefficient of friction between the belt and
the pulley is 0.3. The shock and fatigue factors for bending and twisting are 1.5 and 2.0 respectively.
The allowable shear stress in the shaft may be taken as 35 MPa.

Solution. Given : W =200 N; L =300 mm; D = 200 mm or R = 100 mm ;
P=1kW=1000W; N=120rpm.;6=180°=nrad; un=03;: K_=15; K, =2;
T = 35 MPa = 35 N/mm?

The shaft with pulley is shown in Fig. 14.9.

We know that torque transmitted by the shaft,

P> 60 _ 1000 x 60
2N 2rnx120

=79.6 N-m = 79.6 x 10° N-mm

1
p 0 |
S o vy —— s S
: T 5 N
\___
300 :-»i
< 200
(T, + T, + W) ' v
T, W T,

All dimensions in mm.



Let T, and T, = Tensions in the tight side and slack side of the belt respectively in
newtons.

. Torque transmitted (7),

79.6 x 10* = (T, - T,) R= (T, - T,) 100
T,- T, = 79.6 x 10°/ 100 = 796 N .(d
We know that

2.3 log (%J = w.0=03n=0.9426
, Ry

log b4 —.0'9426 =0.4098 i =2.57 i
Tz =53 =0 orTZ—. ...

...(Taking antilog of 0.4098)

From equations () and (i), we get,

T, =1303N, and 7, =507 N
We know that the total vertical load acting on the pulley,

W, =T, +T,+ W=1303 + 507 + 200 = 2010 N
. Bending moment acting on the shaft,

M = Wy x L =2010 x 300 = 603 x 10* N-mm
Let d = Diameter of the shaft.
We know that equivalent twisting moment,

T, = (K, x M)? + (K, + T)?

= J(1.5x603x10%)? + (2x 79.6 x 10°)> =918 x 10 N-mm
We also know that equivalent twisting moment (7)),

918 x 10° = Z xtxd® = = x35x d* = 6.87 d
16 16
d® =918 x 10°/6.87 = 133.6 x 10° or d=>51.1 say 55 mm Ans.



Shafts Subjected to Axial Load in
addition to Combined Torsion and
Bending Loads

When the shaft is subjected to an axial load (F) in addition to torsion and bending loads as in
propeller shafts of ships and shafts for driving worm gears, then the stress due to axial load must be
added to the bending stress (c,). We know that bending equation is

Mzﬁ OrczM.szxd/2=32M
! y o1 gt =
and stress due to axial load 64
B (F d solid shaft)
= Ex dZ ndz ...\or round so sha
4
= i ( For holl haft)
= = or noiiow sha
2l@)? - @)?] L) - @]
= w (v k=d/d
7 (d)? (- k) ke
. Resultant stress (tensile or compressive) for solid shaft,
32M+ 4F B 32 (M+deJ
U= 2 @ wdf gt L 3 ..(1

- oMy ...(Subsututlng M =M+

nd®

de]



In case of a hollow shaft, the resultant stress,

_ 32M 3 AF
'ond)-kY m(d,)? 1-4P)
B 32 {MJero (1+k2)]= 32 M,
" m(d,)? (- kY 8 n(d,)® (1- k')

8

In case of long shafts (slender shafts) subjected to compressive loads, a factor known as column
factor (o) must be introduced to take the column effect into account.

.. Stress due to the compressive load,
_ oax4F
C ndZ

2
...[Subsmutlng for hollow shaft, M; = M + M]

...( For round solid shaft)



ox4F

= n(do)z m —D) ...(For hollow shaft)

The value of column factor (cz) for compressive loads* may be obtained from the following
relation :

1
T1-10.0044 (L/ K)
This expression is used when the slenderness ratio (L / K) is less than 115. When the slender-

ness ratio (L / K) is more than 115, then the value of column factor may be obtained from the follow-
ing relation :

Column factor, «

o, (LI K)?
**Column factor, o =————— 5
Cn°E
where L = Length of shaft between the bearings,

K = Least radius of gyration,
0= Compressive yield point stress of shaft material, and
C = Coefficient in Euler's formula depending upon the end conditions.
The following are the different values of C depending upon the end conditions.
C =1, for hinged ends,
= 2.25, for fixed ends,
= 1.6, for ends that are partly restrained as in bearings.



Note: In general, for a hollow shaft subjected to fluctuating torsional and bending load, along with an axial load,
the equations for equivalent twisting moment (7)) and equivalent bending moment (M) may be written as

P
T = \/[Kme+aFd"8(1+k ):| + (K, x T)?

e

E: 34
=I€Xt(da) (1-47)

2 2\12
and MP=%[Kme+“Fdoél+k)+\/{Kme+“Fdo£"‘k )} +(K,><T)2}

.7t
=27 %%% (@)’ 1-«"

It may be noted that for a solid shaft, k=0 and d, = d. When the shaft carries no axial load, then /=0 and
when the shaft carries axial tensile load, then o = 1.



Example 14.18. A hollow shaft is subjected to a maximum torque of 1.5 kN-m and a maximum
bending moment of 3 kN-m. It is subjected, at the same time, to an axial load of 10 kN. Assume that
the load is applied gradually and the ratio of the inner diameter to the outer diameter is 0.5. If the
outer diameter of the shaft is 80 mm, find the shear stress induced in the shaft.

Solution. Given : T= 1.5 KkN-m = 1.5 x 10* N-m; M = 3 kN-m = 3 x 10° N-m ;
F=10kN=10x10°N:k=d,/d,=0.5;d =80 mm=0.08 m
Let T = Shear stress induced in the shaft.
Since the load is applied gradually, therefore from Table 14.2, we find that
K _=15;and K,=1.0

We know that the equivalent twisting moment for a hollow shafft,

— 2 2
TzJ Kme+aFd° (l+k)} +(I(,><T)2

3 8

2
15x3x10° + - )} + (1x1.5x%x10%?

\/’ 1x10 x 10* x 0.08 (1 + 0.5

.. (~~ o= 1, for axial tensile loading)

= \/(4500 +125)% + (1500)% = 4862 N-m = 4862 x 10°* N-mm
We also know that the equivalent twisting moment for a hollow shaft (7),

4862 x 10° =% x 1 (d,)? (- k') = l%x 1 (80)° (1-0.5") =94 2601
T = 4862 x 10°/ 94 260 = 51.6 N/mm? = 51.6 MPa Ans.



Example 14.19. A hollow shaft of 0.5 m outside diameter and 0.3 m inside diameter is used to
drive a propeller of a marine vessel. The shaft is mounted on bearings 6 metre apart and it transmits

5600 kW at 150 r.p.m. The maximum axial propeller thrust is 500 kN and the shaft weighs 70 kN.
Determine :

1. The maximum shear stress developed in the shaft, and
2. The angular twist between the bearings.

Solution. Given : d, = 0.5 m; d,= 0.3 m; P = 5600 kW = 5600 x 10°W; L =6 m;
N=150r.p.m.; F=500kN=500x 10°N; W=70kN =70 x 10N
1. Maximum shear stress developed in the shaft

Let T = Maximum shear stress developed in the shaft.

We know that the torque transmitted by the shaft,

_ Px60 5600 x10° x 60

T= = = 356 460 N-
2nN | 2mx150 &
and the maximum bending moment,
3
M= WxL _T70x10°x6 — 52 500 N-m

8



Now let us find out the column factor c.. We know that least radius of gyration,

T 4 4
\/1 &-[(da) —(d)']
A

K= T
= [(d,)? - (d,)?]
i \/[(do)z + (d)°](d,)* - (d)’]
B 16 [(d,)* - (d,)°]
- %\/(d,,)2 +(d,)’? =% (0.5)% + (0.3)> =0.1458 m
.. Slenderness ratio,
L/K =6/0.1458 = 41.15
1 L
and column factor, Q= i ...(-.-E<115}
1 - 0.0044 (—)
. K
1 1

= 1-00044x41.15 1-018 =122



Assuming that the load is applied gradually, therefore from Table 14.2, we find that
K =15andK,=1.0

Also k=d/d =03/05=056

We know that the equivalent twisting moment for a hollow shaft,

— 2 2
Te=\/Kme+aFd°él+k ):] i (xR

- 2
3 2
= \/ 1.5 % 52 500+1'22’<5’°0"108>< Ll )] + (1% 356 460)°

=\/(78 750 + 51 850)* + (356 460)° =380 x 10* N-m
We also know that the equivalent twisting moment for a hollow shaft (T),

T T
380 x 10° = 75X (d,)® (1-k") = T (0.5 [1-(0.6)*] =0.021
T = 380 x 103/ 0.02 = 19 x 10° N/m? = 19 MPa Ans.



2. Angular twist between the bearings

Let 0 = Angular twist between the bearings in radians.
We know that the polar moment of inertia for a hollow shaft,

% [(d,)* - (d)'] = 5"2- [05)* — (0.3)'] = 0.005 34 m*
From the torsion equation, -

T Gx0
— = 7 , we have

J
e:

TxL 3564606

GxJ 84x10° x0.00 534
... (Taking G = 84 GPa = 84 x 10° N/m?)

= 0.0048 rad

0.0048 x 150 = 0.275° Ans.

10



Design of Shafts on the basis of Rigidity

1. Torsional rigidity. The torsional rigidity is important in the case of camshaft of an I.C.
engine where the timing of the valves would be effected. The permissible amount of twist should not
exceed 0.25° per metre length of such shafts. For line shafts or transmission shafts, deflections 2.5 to
3 degree per metre length may be used as limiting value. The widely used deflection for the shafts is
limited to 1 degree in a length equal to twenty times the diameter of the shaft.

The torsional deflection may be obtained by using the torsion equation,

F 68 e 7.1
A R
where 0 = Torsional deflection or angle of twist in radians,

T = Twisting moment or torque on the shaft,
J = Polar moment of inertia of the cross-sectional area about the axis

of rotation,
T
= 3—2 X d* ..(For solid shaft)
T
=3 [(do)4 = (d,-)q] ..(For hollow shaft)

G = Modulus of rigidity for the shaft material, and
L = Length of the shaft.



0. Lateral rioidity, 1t s important in case of transmission shafting and shafts running at high
speed, where small lateral deflection would cause huge out-of-balance forces. The lateral rigicity is
also important for maintaining proper bearing clearances and for correct gear teeth alignment. If the

shaft is of uniform cross-section, then the lateral deflection of a shaft may be obtained by using the

deflection formulae as in Strength of Matertals. But when the shatt is of variable cross-section, then
the lateral deflection may be determined from the fundamental equation for the elastic curve of a

beam, i.e.

dzy
e

| =



Example 14.21. A steel spindle transmits 4 kW at 800 1.p.m. The angular deflection should not
exceed (.29° per metre of the spindle. If the modulus of rigidity for the material of the spindle is 84
GFa, find the diameter of the spindle and the shear stress induced in the spindle.

Solution. Given : P=4 kW =4000W ; N=800r.p.m. ; 6 =0.25° = 0.25 x L _0.0044 rad ;
L=1m=1000 mm ; G=84 GPa =84 x 10° N/m? = 84 x 10° N/mm? 0
Diameter of the spindle

Let d = Diameter of the spindle in mm.

We know that the torque transmitted by the spindle,

Px60_ 4000 x 60

T=. AN 21t>§800 =47.74 N-m = 47 740 N-mm
T Gx6 Txd
Wealsoknowtﬁat 7 —' 7 oy = Cx0
ixd“ 47 740 x 1000 120167
e 32 T 84x10°x0.0044

A d* =129167 x32/m=1.3 x 10° or d=33.87 say 35 mm Ans.
Shear stress induced in the spindle

Let T = Shear stress induced in the spindle.

We know that the torque transmitted by the spindle (7),

T 73 T 353
47 740 = IGXtX -16xt( ) =84201

T = 47 740/ 8420 = 5.67 N/mm? = 5.67 MPa Ans.



Design of key



What is key

A key Is a piece of mild steel inserted between
the shaft and hub or boss of the pulley to connect
these together in order to prevent relative motion
between them.

It Is always iInserted parallel to the axis of the
shaft. Keys are used as temporary fastenings and are
subjected to considerable crushing and shearing
stresses. A keyway Is a slot or recess in a shaft and
hub of the pulley to accommodate a key.



Definition & Nomenclature

—
Key
. h’qM

A key and the keyways in a gear and shaft

Key is a machine element which provides a torque transmitting

link between two power transmitting elements Key prevents the

relative rotary motion between two components to be connected
with positive lacking



Types of Keys

» The following types of keys are important
from the

1. Sunk Kkeys,
2. Saddle keys
3. Tangent Keys,
4. Round keys,
5. Splines.



13.3 Sunk Keys

The sunk keys are provided half i the keyway of the shaft and half in the keyway of the hub or
boss of the pulley. The sunk keys are of the followmng types -

L. Rectangular sunk key. Arectangular sunk key 1s shown m Fig. 13.1. The usual proportions
of this key are :

Widthofkey, w =d/4;and thickness ofkey, t=2w/3=d/6
where d = Diameter of the shaft or diameter of the hole 1 the hub.

The key has taper 1 m 100 on the top side only.

/ Taper 1: 100




Square sunk key.

The only difference between a rectangular
sunk key and a square sunk key Is that its
width and thickness are equal,

l.e. w=t=d/4
Parallel sunk key.

The parallel sunk keys may be of
rectangular or square sectionuniform In
width and thickness throughout. It may be
noted that a parallel key Is a taperless and Is
used where the pulley, gear or other mating
piece Is required to slide along the shaft.



Gib-head key

It I1s a rectangular sunk key with a head at

one end known as gib head. It is usually
provided to facilitate the removal of key.

Feather key

A key attached to one member of a pair and
which permits relative axial movement Is known
as feather key. It is a special type of parallel key
which transmits a turning moment and also
permits axial movement. It is fastened either to
the shaft or hub, the key being a sliding fit in the
key way of the moving piece.



1 S
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Example 13.1. Design the rectangular key forla shaft of 50 mm diameter. The shearing and
crushing strasses for the key material are 42 MPa and 70 MPa.

Solution. Given - d = 50 mm : T =42 MPa = 42 N/mm" - g.=T70MPa=70 N/mm-

The rectangular key 1s designed as discussed below:

From Table 13.1, we find that for a shaft of 50 mm diameter,

Width of kevy, w = 16 mm Ans.
and thickness of key, t = 10 mm Ans.

The length of key 1s obtained by considenng the key in shearing and crushing.

Let ! = Length of key.

Considering shearing of the key. We know that shearing strength (or torque transmitted)
of the key,

d 50
T:Exw}-:*rxgzﬁxlﬁxiﬂxT=163ﬂﬂfﬂ—mm ---(7)
and torsional sheaning strength (or torque transnmutted) of the shaft.
n Tt
T= = XTX d? = X 42 (50)° =1.03 x 105 N-mm (i)

From equations (7) and (77), we have
[ =1.03 =105/ 16 800 =61.31 mm
Now considering crushing of the key. We know that sheaning strength (or torque transmitted) of
the key,
t d 10 50
T=1lx—xg,®x—=1%x—xT70x— =8750 ] N-mm ...(717)
2 2 2 2
From equations (i7) and (7i7) . we have
[ =1.03 x105/8750=117.7 mm
Taking larger of the two values, we have length of key,

! = 117.7 say 120 mm Amns.



UNIT-111

TEMPORARY AND PERMANENT JOINTS

Threaded fasteners - Bolted joints
Including eccentric loading, Knuckle joints,
Cotter joints

Welded joints, riveted joints for structures -
theory of bonded joints.



Welded joints

« A welded joint Is a permanent joint which is obtained
by the fusion of the edges of the two parts to be
joined together, with or without the application of
pressure and a filler material.

* The heat required for the fusion of the material may
be obtained by burning of gas (in case of gas
welding) or by an electric arc (in case of electric arc
welding).

« Welding 1s extensively used in fabrication as an
alternative method for casting or forging and as a
replacement for bolted and riveted joints.



Types of Welded Joints

Following two types of welded joints are
important from the subject pomt of view:
1. Lapjomtor filletjomt, ~ and 2. Buttjomt.

e W TN

(@) Single transverse. () Double transverse.

1
::;L:;

'l—._,--\-._"
[
{
)

[ ——

() Parallel fillet.




Welding Processes

The welding processes may be broadly classified
Into the following two groups:

1. Welding processes that use heat alone
e.g. fusion welding.

2. Welding processes that use a combination of
heat and pressure

e.g. forge welding.



Fusion Welding

n case of fusion welding, the parts to be jointed are

held in position while the molten metal is supplied to

t

t

ne joint.
'he molten metal may come from the parts
nemselves (i1.e. parent metal) or filler metal which

normally have the composition of the parent metal.

 The fusion welding, according to the method of heat
generated, may be classified as:

1. Thermit welding,
2. Gas welding, and
3. Electric arc welding.



Thermit Welding

* In thermit welding, a mixture of iron oxide and
aluminium called thermit is ignited and the iron
oxide is reduced to molten iron.

* The molten iron is poured into a mould made around
the joint and fuses with the parts to be welded.

* A major advantage of the thermit welding Is that all
parts of weld section are molten at the same time and
the weld cools almost uniformly.

 This results in a minimum problem with residual
stresses.



Thermit Welding (continued)

* The thermit welding is often used in joining
iron and steel parts that are too large to be
manufactured In one piece, such as rails, truck
frames, locomotive frames, other large
sections used on steam and rail roads, for stern
frames, rudder frames etc.

* |n steel mills, thermit electric welding Is
employed to replace broken gear teeth, to weld

new necks on rolls and pinions, and to repair
broken shears.



Gas Welding

« A gas welding Is made by applying the flame of an
oxy-acetylene or hydrogen gas from a welding torch
upon the surfaces of the repared joint.

« The Intense heat at the white cone of the flame heats
up the local surfaces to fusion point while the
operator manipulates a welding rod to supply the
metal for the weld. A flux is being used to remove the
slag.

« Since the heating rate in gas welding iIs slow,
therefore It can be used on thinner materials.




Electric Arc Welding

* In electric arc welding, the work Is prepared In
the same manner as for gas welding. In this
case

* The filler metal i1s supplied by metal welding
electrode.

» A small depression Is formed in the base metal
and the molten metal Is deposited around the
edge of this depression, which is called the arc
crater.




Lap Joint

 The lap joint or the fillet joint Is obtained by
overlapping the plates and then welding the edges of
the plates. The cross-section of the fillet 1is

approximately triangular.
The fillet joints may be
1. Single transverse fillet,
2. Double transverse fillet, and
3. Parallel fillet joints.

* A single transverse fillet joint has the disadvantage
that the edge of the plate which is not welded can

buckle or warp out of shape.



Butt Joint

* The butt joint Is obtained by placing the plates
edge to edge

* .In butt welds the plate edges do not require
bevelling if the thickness of plate Is less than 5

mm.
* On the other hand, If the plate thickness Is 5

mm to 12.5 mm, the edges should be bevelled
to V or U-groove on both sides.



TYPES

The butt joints may be
1.Square butt joint, 2. Single V-butt joint 3. Single U-butt joint,
4. Double V-butt joint, 5. Double U-butt joint.

a) Square butt joint.  (b) Single V-butt (¢) Single U-butt d) Double V-butt (&) Double U-butt
4 ] e . : o
joint, joint, joint, joint,

The other type of welded joints are corner joint, edge
joint and T-joint

i
o .
\:\:H
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WAL N Iy,
(a) Corner joint. (b) Edge joint. (c) T-joint.



Strength of Transverse Fillet Welded Joints

* We have already discussed that the fillet or lap
joint Is obtained by overlapping the plates and
then welding the edges of the plates.

* The transverse fillet welds are designed for
tensile strength.

 Let us consider a single and double transverse
fillet welds respectively.



In order to determune the strength of the fillet joint, 1t 1s assumed that the section of fillet 1s a
right angled triangle 45C with hypotenuse .4C making equal angles with other two sides 45 and BC.
The enlarged view of the fillet 15 shown 1n Fig. 10.7. The length of each side 1s known as leg or size
of the weld and the perpendicular distance of the hypotenuse from the intersection of legs (i.e. BD) 15

known as rhreat thickness. The munimum area of the weld 1s obtained at the throat D, which 1s given
by the product of the throat thickness and length of weld.

Let t = Throat thickness (BD), ;
s = Leg or size of weld, Reinforcement (;f’f 5
= Thickness of plate, and ~ K T
_ : /" D/45°
[ = Length of weld, N / s
From Fig. 10.7, we find that the throat thickness, [ / \ J ¢
t =5xsn45°=0707s | Ae_ B |

. *Mimmum area of the weld or throat area,
A = Throat thickness x
Length of weld
= tx[=0707Tsx]

If g, 1s the allowable tensile stress for the weld
metal, then the tensile strength of the joint for single fillet weld,

P = Throat area % Allowable tensile stress=0.707 s x [ x 0,
and tensile strength of the joint for double fillet weld,
P=2x0707s>xix0,=1414sx[x 0,

Fig. 10.7. Enlarged view of a fillet weld.



Strength of Parallel Fillet Welded Joints

* The parallel fillet welded joints are designed
for shear strength.

» Consider a double parallel fillet welded joint
We have already discussed in the previous that
the minimum area of weld or the throat area,

A=0.707s x|



[£ 715 the allowable shear stress for the weld metal, then the shear strength of the jomnt for sngle
parallel fillet weld,

P = Throat area x Allowable shear stress=0.707 s x [ x T

and shear strenpth of the jomt for double parallel fillet weld,
P=2x0707Txsxx1=1414sx[xT

|<—J’2—1-

.

—_— L

(b) Combination of transverse

Doubl llel fillet weld.
(@) Double parallel fillet we and parallel fillet weld.



Single transverse fillet welds




Pbm: 1 A plate 100 mm wide and 10 mm thick is to be welded to
another plate by means of double parallel fillets. The plates are
subjected to a static load of 80 kN. Find the length of weld if the
permissible shear stress in the weld does not exceed 55 MPa.

Glven data:
*Width = 100 mm ;
Thickness =10 mm ;
P=80KkKN =80 x103N;
T =55 MPa =55 N/mm?2
Solution
Let | =Length of weld, and
s = Size of weld = Plate thickness = 10 mm



We know that maximum load which the plates can carry for double paralle] fillet weld (P).
80 % 10° = 1414 x5 x [ xT=1414x 10 x [ 55=778]
[ =80x10°/778 =103 mm
Addmg 12.5 mm for startme and stopping of weld run, we have
[=103+125=1155mm Aus.
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pbm:2 A plate 75 mm wide and 12.5 mm thick Is joined with
another plate by a single transverse weld and a double parallel
fillet weld as shown in Fig. 10.15. The maximum tensile and
shear stresses are 70 MPa and 56 MPa respectively. Find the
length of each parallel fillet weld, if the joint is subjected to both
static and fatigue loading

Given data :
Width = 75 mm ;
Thickness = 12.5 mm ;
ot =70 MPa =70 N/mm?2 ;
T=56 MPa =56 N/mm2.
Solution:
L. =75-12.5=62.5 mm
the maximum load which the plate can carry is
P=Area x Stress =75 x 125 x70=65625 N



Load carried by single transverse weld.
P, = 07075 x [, x0,=0.707 x 12.5 x 62.5 x 70 =38 664 N
and the load carried by double parallel fillet weld.
P, = 14145 <], xt=1414x12.5x1,%56=990/,N

". Load carried by the joint (P).
65625=P +P,=38664+990/, or /,=27.2mm
Adding 12.5 mm for starting and stopping of weld run. we have
[,=27.2+12.5=39.7 say 40 mm Auns.
Length of each paraliel fillet for fatigue loading

From Table 10.6. we find that the stress concentration factor for transverse welds 1s 1.5 and for
parallel fillet welds is 2.7.

". Permussible tensile stress.
G, =70/1.5 =46.7 N/mm’
and permissible shear stress.
T =56/2.7=20.74 N/mm?
Load carried by single transverse weld.
P, =0.707s %1 x0,=0.707 % 12.5 x 62.5 x 46.7=25T95 N
and load carried by double parallel fillet weld.
P,=14145x[,xt=1414x1251,x20.74=366/,N
. Load carried by the joint (P).
65625 = P, +P,=25795+3661, or [,=108.8 mm
Adding 12.5 mm for starting and stopping of weld run. we have
/[, =108.8+12.5=121.3 mm Auns.



Example 10.6. Determine the length of the weld run for a plate of size 120 mm wide and 15 mm
thick to be welded to another plate by means of

1. A single transverse weld; and

A C|
2. Double paraliel fillet welds when the joint is subjected to .-
variable loads. P |1*2ﬂ P
Solution. Given : Width = 120 mm : Thickness = 15 mm K .
In Fig. 10.16. AB represents the single transverse weld and AC B Ly
and BD represents double parallel fillet welds. Fig. 10.16

1. Length of the weld run for a single transverse weld

The effective length of the weld run (/) for a single transverse weld may be obtained by subtracting
12.5 mm from the width of the plate.

[, =120—-125=107.5 mm Ans.
2. Length of the weld run for a donuble parallel fillet weld subjecied fo variable loads

Let I; = Length of weld run for each parallel fillet. and
5 = Size of weld = Thickness of plate = 15 mm
Assuming the tensile stress as 70 MPa or N/mm? and shear stress as 56 MPa or N/mm? for static
loading. We know that the maximum load which the plate can carry 1s
P = Area x Stress = 120 x 15 x 70 =126 x 10° N
From Table 10.6. we find that the stress concentration factor for transverse weld 1s 1.5 and for
parallel fillet welds 15 2.7.

.. Permssible tensile stress.
o, = 70/ 1.5 = 46.7 N/mm’



and permussible shear stress.
1=56/2.7=20.74 Nlmm”
' Load caried by single transverse weld,
P, =0707sx] %g,=0707x15x107.5%46.7=33 40N
and load carried by double paralle] fillet weld,
Py=1414s5x ], x1=1414x15x [, x20.74=40/,N
' Load carnied by the joint (P),
126 % 10° = P+P,=53240+4401, or [,=1654mm
Adding 12.5 mm for starting and stopping of weld run, we have
[, =1654+125=1779say 178 mm  Ans.
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Example 10.9. 4 welded joint as shown in Fig. 10.24, is subjected to an eccentric load of 2 kN.
Find the size of weld, if the maximum shear stress in the weld

is 25 MPa. /}t\‘g/
Y

Solution. Given: P=2kN=2000 N; e=120 mm ; /ﬁ
[=40mm ;1 =25MPa=25N/mm’ 7
Let 5 = Size of weld m mm, and //'
t = Throat thickness. /i

The joint, as shown 1n Fig. 10.24, will be subjected to —i; 5’4—

direct shear stress due to the shear force, P = 2000 N and 7 i
bending stress due to the bending moment of P x . - T —+40 mm
/
We know that area at the throat. ' |
/ 120 mm —4
A=2x[=2x0707sx] =
14145 %] =
= X
e Fig. 10.24

= 1414 5 % 40 =56.56 * s mm’



s, Shearstress. T = E = 2000 = 324 N/mm°
A 5656xs 5

Bending moment, M = P x e =2000 x 120 = 240 x 10° N-mm
Section modulus of the weld through the throat,

x1* 5 (40)
E:S :S( ) =377 X 5 mm’
4242 4242

| 3
. M 240x100 6366 __
. Bending stress, 0, = ~ = e— = : N/mm?

We know that maximum shear stress (T ),

' 2 2
] 3 y 1 |[6366 354 3203
gj:EJ(ﬁb)‘+4t‘:;\’( ) +4(—) =

5 5 5

s =3203/25=12.8 mm Ans.
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=1 +1,
l, xa t

=1, +

_bh+lixa l(a+b

b b
b x|
{y=——
a+b
substituting the value of /, in equation (17 ), we get
bx bxl+1,(a+b)
l = T =
a+b -~ (a+b)

1(a+b)=bxl+1..,|a+b)
Ixa+1xb=bxl+l.~,(a+b)
Ixa+lxb-bxl=1,la+b)
[ xa=1,a+b)
a x|

l, =

a+b)



Example 10.8. 4 200 x 150 x 10 mm angle is to be welded to a steel plate by fillet welds as
shown in Fig. 10.21. If the angle is subjected to a static load of 200 kN, find the length of weld at the
top and bottom. The allowable shear stress for static loading may be taken as 75 MPa.

o=l Steel e
plate | e ]
— ? | T .ﬁ
? | R
200 mm ? | [
_ ji oy ¥ | > p
/ * $53mm K
A #/ﬁf T, | L —
omm i' th—p 1i
—>| 150mm e T
Fig. 10.21
Solution. Given© a+b =200 mm : P=200kN =200 x 10°N : T="75 MPa = 75 N/mm’
Let I, = Length of weld at the top,

l, = Length of weld at the bottom, and
I = Total length of the weld =/ +1;



Since the thickness of the angle 15 10 mm, therefore size of weld,
5 = 10 mm
We know that for a single paralle] fillet weld, the maximum load (P),
200 % 10° = 0.707 s x I xt=0707 x 10 x [ x 75=53025[
] = 200 x 10°/530.25 =377 mm

o1 [ +1, =377 mm
Now let us find out the position of the centroidal axis.
Let b = Distance of centroidal axss from the bottom of the angle.
_ (200-10) 10 x95+15{}x]ﬂx5:55_3m
190 X 10 + 150 x 10
and a = 200-553=1447 mm

Ixb 377553

We know that .Ea = P =1042mm Ans.

and ly=1-1=377-1042=272.8 mm Ans.




INTRODUCTION

Mechanical joints or fasteners are used for making
connections between different elements of machine or
structure.

A machine or a structure Is made of a large number of
parts and they need be joined suitably for the machine
to operate satisfactorily.

In manufacturing industries, joining of two or more
components Is necessary for assembly purposes.

Joining makes the production system more reliable,
efficient and profitable. In fact, joining can be defined
as one of the manufacturing processes by which two or
more solid components can be assembled together.



Types of joints

Mechanical joints are broadly classified into following two categories:
1. Permanent joints

Permanent joints can not be easily disassembled without damaging the
connecting

elements.

Different types of permanent joints are welded joints, brazed joints,
soldered

joints, adhesive joints, riveted joints and interference joints.
2. Temporary or detachable joints

Temporary joints can be easily disassembled without damaging the
connecting

elements.

Different types of joints are threaded joints, pin joints, cotter joints and key
joints.



Threaded joints

Temporary joints

Welded Joints
Brazed & Soldered joints
Permanent joints Adhesive joints
Riveted joints
Mechanical joint ' —
Interferance joints

Pin/Cofter/Key joints




Introduction

* A screw thread Is formed by cutting a continuous
helical groove on a cylindrical surface. A screw
made by cutting a single helical groove on the
cylinder is known as single threaded

* A screwed joint I1s mainly composed of two
elements I.e. a bolt and nut. The screwed joints
are widely used where the machine parts are
required to be readily connected or disconnected
without damage to the machine or the fastening.



Important Terms Used in Screw Threads

The following terms used in screw threads, as shown in Fig are
important from the subject
point of view :

Angle of thread Flank
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1. Major diameter. It 1s the largest diameter of an external or mnfernal screw thread. The
screw 15 spectfied by this diameter. It 1s also known as eutside or nominal diameter.

2. Minor diameter. It 1s the smallest diameter of an external or internal screw thread. It 1s
also known as core or root diameter.

3. Pitch diameter. It 15 the diameter of an imagiary cylinder, on a cylindrical screw thread,
the surface of which would pass through the thread at such ponts as fo make equal the width of the
thread and the width of the spaces between the threads. It 15 also called an effective diameter. In a nut
and bolt assembly, 1t 15 the diameter at which the ndges on the bolt are n complete touch with the
nidges of the correspondmng nut.

4. Pifch. It 1s the distance from a point on one thread to the corresponding point on the next.
This 1s measured 1n an axial direction between corresponding points in the same axial plane.
Mathematically,
1

No. of threads per unit length of screw
5. Lead. It 15 the distance between two corresponding points on the same helix. It may also

be defined as the distance which a screw thread advances axially 1 one rotation of the nut. Lead 1s
equal to the pitch in case of single start threads, it 1s twice the pitch in double start, thrice the pitch mn
triple start and so on.

6. Crest. It 1s the top surface of the thread.

7. Root. It 1s the bottom surface created by the two adjacent flanks of the thread.
8. Depih of thread. It 1s the perpendicular distance between the crest and root.
9. Flank. It 1s the surface joining the crest and root.

10. Angle of thread. It 1s the angle included by the flanks of the thread.

11. Siope. It 1s half the pitch of the thread.

Pitch =




Stresses In Screwed Fastening due to
Static Loading

* The following stresses in screwed fastening
due to static loading are important from the
subject

* point of view :

1. Internal stresses due to screwing up
forces,

o 2. Stresses due to external forces, and

o 3. Stress due to combination of stresses at
(1) and (2).



Initial Stresses due to Screwing up Forces

1. Tensile stress due to stretching of belt. Since none of the above mentioned stresses are
accurately determuned, therefore bolts are designed on the basis of direct tensile stress with a large
factor of safety in order to account for the indeternunate stresses. The mnitial tension 1n a bolt, based
on expeniments, may be found by the relation

P, =2840dN
where P, = Initial tension 1n a bolt, and
d = Nomunal diameter of bolt, 1n mm.

The above relation 1s used for making a joint flnid tight like steam engine cylinder cover joints
etc. When the joint 1s not requured as tight as flmd-tight joint, then the initial tension 1n a bolt may be
reduced to half of the above value_ In such cases

P, =1420dN

The small diameter bolts may fail during tighteming, therefore bolts of smaller diameter (less
than M 16 or M 18) are not permitted in making flmd tight jomnts.

If the bolt 1s not initially stressed, then the maximum safe axial load which may be applied to 1t,
1s given by

P = Pernussible stress x Cross-sectional area at bottom of the thread
(i.e. stress area)
The stress area may be obtained from Table 11 1 or it may be found by using the relation

"2
d, +d
Stresaarea=E[ P f]
4 2
where dp = Pitch diameter, and

dﬂ = Core or nunor diameter.



2. Torsional shear stress caused by the frictional resistance of the threads during its tighten-

ing. The torsional shear stress cansed by the frictional resistance of the threads during its tightening
may be obtamned by using the torsion equation. We know that

r T
J
T T d. 16T
= —Xr= = :
J L@y 2 mnld)

where T = Torsional shear stress,

T = Torque applied, and
d. = Minor or core diameter of the thread.
It has been shown during experiments that due to repeated unscrewing and tightening of the nut,
there 15 a gradual scoring of the threads, which increases the torsional twisting moment (7).
3. Shear stress across the threads. The average thread shearing stress for the screw (7)) 1s

obtamned by using the relation :
P
T =
* md,XbXn
where b = Width of the thread section at the root.
The average thread shearing stress for the nut 1s

S P
" mdxbxn
d = Major diameter.

where



4. Compression or crushing stress on threads. The compression or crushing stress between
the threads (0,) may be obtamned by using the relation :

5 - P
" onld - @)
where d = Major diameter,

d. = Mmor diameter, and
n = Number of threads in engagement.

3. Bending stress if the surfaces under the head or nut are not perfectly parallel to the bolt
axis. When the outside surfaces of the parts to be connected are not parallel to each other, then the
bolt will be subjected to bending action. The bending stress () mnduced mn the shank of the bolt 15

given by
Xx.E

%= Ty
where x = Dafference in height between the extreme corners of the nut or
head.

[ = Length of the shank of the bolt, and
E = Young’s modulus for the material of the bolt.



Example 11.2. Tivo machine parts are fastened together tightly by means of a 24 mm tap bolt
If the load tending to separate these parts is neglected, find the stress that is set up in the bolt by the
mitial tightening.

Solution. Given : =24 mm

From Table 11.1 (coarse sertes), we find that the core diameter of the thread corresponding to
M241sd =2032 mm.

Let 0, = Stress sef up m the bolt.

We know that mitral tension i the bolf,
P=28404=2840%x24=68 160N

We also know that mitial tenston tn the bolt (P),

1 T o2l <
68160 = - ( 16,= . (2030)" 6, =324,
0,=68160/324=1210 N/mm? = 210 MPa Ans.



Knuckle Joint

* A knuckle joint Is used to connect two rods
which are under the action of tensile loads.

« However, if the joint is guided, the rods may
support a compressive load. A knuckle joint
may be readily disconnected for adjustments or
repairs.
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Dimensions of VVarious Parts
Knuckle Joint

The dimensions of various parts of the knuckle
joint are fixed by empirical relations as given
below.

It may be noted that all the parts should be made
of the same material 1.e. mild steel or wrought
iron.

If d Is the diameter of rod, then diameter of pin
dl=d
Outer diameter of eye,
d2=2d



Diameter of knuckle pin head and collar,
d3=15d

Thickness of single eye or rod end,
t=1.25d

Thickness of fork, t1 =0.75d

Thickness of pin head, t2=0.5d

Other dimensions of the joint are shown in Fig.

Methods of Failure of Knuckle Joint

In determining the strength of the joint for the various
methods of failure, 1t 1s assumed that

1. There iIs no stress concentration, and

2. The load i1s uniformly distributed over each part

of the joint.



1. Failure of solid rod in tension:

Due to the tensile load, the rods are subjected to tensile stresses, and may fail 1f this s,
exceeds the limit. For a ‘Just safe design’, we have

P = E.dz.d,
4

2. Failure of knnuckle pirnt in dowble shear:

Figure 3.23
There are two surfaces of the pin that resist shearing shown in Figure 3.23. So, the pin is in
double shear for which the equation is given by

P 2 ac S
4
3. Failure of the single eye or rod end in tensiorn:

The rod end may ‘tear’ along a plane passing through the pin axis shown in Figure 3.24. It
gives a raise to a stress o, given by

¥ = (d2——dl )I.O',

d4
L\
do [
Figwure 3.24
4. Failure of single eye (or) rod end ir douwuble shear

The eye end will get sheared off shown in Figure 3.25. The resisting stress G

peo @)

given by
> T = (dz—d,)t.r



(dp-dq) /72
¥\ -

Figure 3.25

5. Failure of single eye or rod end in crushing:
Due to the tensile load, the eye end may be crushed to failure. The area resisting crushing is

taken as the projected area and the corresponding stress is related to the tensile load given by
P=d, t o
where . is allowable stress in crushing
t i

I
Area resisting crushing | _ At = = .
= projected area fo pin 1 \\s\:\ Fhe | T

. ’

N
-

o

-—

Figure 3.26

6. Failure of forked end in tension -
The fork end may fail in tension across the pin hole shown in Figure 3.27. The relation is
given by ’
P = (dz—d,)t, x 2> 0o,
assianl) 32
M- X4
AAa

Figure 3.27



7. Failure of forked ends in double shear (as shear of eye) (Figure 3.</)
The fork end may fail by shear with the relation being

P = (d,—d, Jx2xt

8. Failure of forked end in crushing (As crushing of eye) (Figure 3.27)

If the forked end is weak in crushing than in other modes, it will result in crushing failure. |y

that case, the equation is given by
P - d] t] X 2 X cc
9. Failure of knuckle pin by bending

A loosely fitted knuckle pin experiences bending. The load on the pin uniformly varies over

the pin area in the fork. Maximum bending is at the mid span of the pin. The bending stress is
given by




3.5.11. Design Of Riveted Joint For Pressure Vessels
In a pressure vessel i.e., Boiler of cylindrical shape, there are two types of joints.
(i) Longitudinal joint:

It is used to join the ends of the plate to get the required diameter of a boiler, shown in Figure

3.82. Generally, the double-strap butt joint is used for this purpose.
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Figure 3.82 Longitudinal joint

(ii) Circumferential joint:

Itis used to get the required length of the shell and to close its ends. A lap joint is most widely
used for this purpose. Refer Figure 3.83.



Figure 3.83 Circumferential joint

3.5.12. Design Of Longitudinal Butt Joint For Pressure Vessels
According to 1.B.R the following procedure should be adopted for design of longitudinal butt

joint for a pressure vessel.

1. Select a suitable butt joint according to the diameter of the boiler shell and desired

efficiency from table 3.5.3.

Table 3.5.3
Diameter Thickness
Efficiency
of shell, D of shell Type of joint o
(mm) (rmarm) )
600 — 1200 Double riveted butt joint
6.25to 12.5 . 72 — 82
900 — 2000 Triple riveted butt joint
7.5 to 25 80 — 90
1500 — Quadruple riveted butt
9to 31.25 85 -95
2500 joint

2. The thickness of the boiler shell plate is determined by the following formula

D
I o S to 2 mm as corrosion allowable

l=
2c,Mn,

where
p = stream pressure, N/mm?®.

D = diameter of the shell, rmm:.

o; = Allowable tensile strength of the material, N mm”.

r7, = Efficiency of the joint (refer table 3.5.3).



'y

'he thnckness of the boiler shell should not be less than 7 e
Calceculate dinmeter ot the vivet by the Eornwarr 's zormda

d= 605 .\7¢ whoen s - K
1t s

~ 8 zzz. then the diameter of the rivet may be calculated by equating, the shearing
and crushing strenath ot the nivert.

I'he diameter of rivet should not be less than the
thickness ot the plate.

The pitch of the riveted joint is determined by equating the shear strength to the
tearing strength of the joint. It may be noted that

For leak proofjoint -——- p,... = 6 d
Pmin = (2.25 t0 2.5) d
According to 1.B.R.
Dwaz — C 41,
Where

C = constant. It may be selected from Table 3.5.4.

r = thickness of the shell plate

Table 3.5.4

Iv;tlnxbe;:j: Lap _{v‘7 N "“b_u?tl}oiint ‘
rivets per pitch Jjoint | Single cover 1 Double cover ‘
. 1.31 | 1.5 175
2 2.62 3.06 3.5
3 3.47 4.05 4.63
4 4.17 - $5.52
5 - - 6.0

The trans

verse or back pitch may be selected from the equation given under topic
3.5.9.

Thickness of the cover plate for butt joint can be calculated from the relations given
under the topic 3.5.8.

The margin or marginal pitch, rnr = 1.5 d.



3.5.13. Design Of Circumferential Joint For Pressure Vessels

The multi row lap joint is commonly used for circumferential joint of the boiler. According to
1.B.R, the following steps should be followed for the design of circumferential joint.
The diameter of the rivet and thickness of the plate (#) should be same as that of longitudinal

joint. Refer step 2 and step 3 of longitudinal joint.

1. Total number of rivets required for the circumferential joint,

._(2)22
= d T

where D and d = diameter of the boiler shell and rivet.
p = steam pressure.
7= Permissible shear strength of the rivet.

2. The pitch of the circumferential joint is calculated from the tearing efficiency of the joint.

p—d
y 24

The value of n. is given in table 3.5.5 for various joints.

MNe =

Table 3.5.5

Type of joint Ne
Lap joint
- Single riveted

0.45 to 0.65

- Double
. 0.63 to 0.77

riveted

0.75 to 0.85

- Triple riveted

3. Number of rows required can be calculated by
Z
No. of row, r, = — 2 _
(D + 1)

4. The transverse pitch is selected in a similar way as in longitudinal joint. Refer topic 3.5.9.



Eccentrically Loaded Riveted Joints

In the previous cases of riveted joints, it is designed with the assumption that all rivets of the
joints are subjected to shear force i.e., line of action of force passes through the centre of
gravity. But in some practical cases of structural joints, the line of action of force does not

pass through the centre of gravity. It is offset by a distance ‘e’ shown in Figure 3.80 and
Figure 3.81. Such type of joint is called eccentrically loaded riveted joint.

| —

él{%}h_lJ

4{}} 6}3 //
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to

. Determine centre of gravity of the joint by taking moment about OX and OY

The eccentric load will produce two types of stresses on the joint.

(i) Direct shear stress due to external for P

(i) Moment P x e which rises to rotate the joint about C.G.

P
Primary or Direct shear force, P,= — .......... (3.32) acting parallel to the load P.
n

The secondary shear force on each rivet can be determined from the fact that the amount
of shear force shared by each rivet is proportional to the radial distance between the rivet

hole centers.



Let, Fy, Fp, .... F, are the secondary loads on rivets 1,2, ..... n
TS S R— I, are the radial distance of rivets 1, 2, ....... n from C.G.
Since the shear force is proportional to the radial distance between the rivet hole centers.

Fyal,, F; al, and so on.

FI F2 F3 n
= = = . = —— = Constant
Il 12 13 In
12 13
F2=F| I_ andF3=F2 T
|

|
For equilibrium of the system the sum of the moments should be equal to zero. Thus

P xe=Fl + Fh+ Fils+ ...+ F.l,

12 13
=F|1|+F|I_X12+F3T XI3+...
1

Pxe=

F
| 2 2

—1 (Il +12 +_____+13) (333)
|



5. Calculate the resultant force on all rivets. The resultant force on the rivet is given by
R= p +F'+2P x FxCosf
where 0= Angle between the direct and the secondary shear force.

6. Determine the diameter of the rivet by considering the shear failure of the rivet

Maximum resultant shear load, R = -‘1’[({2{

From Table 3.5.2, the standard diameter of the rivet hole (d) and rivet diameter may be

selected.



Pbm:1 A double riveted lap joint with zig-zag riveting IS
to be designed for 13 mm thick plates. Assume ot = 80
MPa ; T =60 MPa ; and oc = 120 Mpa State how the
joint will fail and find the efficiency of the joint.

Given data :

t=13 mm

ot = 80 MPa = 80 N/mm?2

T =60 MPa =60 N/mm?2

oc = 120 MPa = 120 N/mm2



1. Diameter of rivet
Sice the thickness of plate 15 greater than 8§ mm, therefore diameter of rivet hole,

d = 6F = 6v13 =21.6mm

From Table 9.3, we find that according to IS : 1928 — 1961 (Reaffirmed 1996), the standard size
of the rivet hole (4 ) 15 23 mm and the corresponding diameter of the rivet 1s 22 mm. Ans.

2. Pitch of rivets

Let p = Pitch of the rivets.

Since the joint 1s a double niveted lap joint with zig-zag nveting [See Fig. 9.6 ()], therefore
there are two nivets per pitch length, i.e. n = 2. Also, 1n a lap joint, the rivets are in single shear.

We know that tearing resistance of the plate,

P=(p-d)itx0o,=(p—23)13x80=(p—23)1040N
..(i)

and shearing resistance of the nivets,

n |
PE=HKE xd3x1=2xz(23)26ﬂ=49364ﬂ (i)

...(* There are two rivets in single shear)

From equations (7) and (77), we get

p—23 =49864/1040=48 or p=48+23=71mm
The maximum pitch 1s given by,

Py = €% 1+41.28 mm
From Table 9.5, we find that for 2 nivets per pitch length, the value of C1s 2.62.
P = 2.62 %13 +41.28=75.28 mm
Smnce p1s more than p, therefore we shall adopt
p=7lmm  Ans.



3. Distance between the rows of riveis
We know that the distance between the rows of nvets (for zig-zag riveting),
Py = 033p+067d=033=71+0.67 =23 mm
= 38.8 say 40 mm Ans.
4. Margin
We know that the margin,
m=15d=15=23=345say35mm  Ans.
Failure of the joint
Now let us find the tearmg resistance of the plate, shearing resistance and crushing resistance of
the rivets.
We know that tearing resistance of the plate.
P=(p—-d)txg,=(71-23)13x80=49920N
Shearing resistance of the rivets,

T |8
PE=HKE xgd?xg=2x " (232 60=49 864 N

and crushing resistance of the rivets,

P, =HKﬂ'KH{Uﬂ=EK23>¢ 13 =120=71 760N
The least of P, P_and P_i1s P_= 49 864 N. Hence the joint will fail due to shearing of the
rivets. Amns.
Efficiency of the joint
We know that strength of the unriveted or solid plate.
P=pxfxg =T1=%x13=x80=73840N
". Efficiency of the joint. _ _
P 49 864

=7 = 73840

=0.675 or 67.5% Ans.



Example 9.6. Tive plates af 10 mm thicikmess each are to be joined by means of a single riveted

double strap butt joint. Determine the rivet diameter. rivet pitch, strap thickness and efficiency of the
Jjoint. Take the working stresses in tension and shearing as 80 MPa and 60 MPa respectively.

Solution. Given : = 10 mm ; ¢, = 80 MPa = 80 N/mm? - T= 60 MPa = 60 N/mm°
1. Diameter of rivet
Since the thickness of plate 1s greater than 8 mm. therefore diameter of nivet hole.
d = 6~/t =6~/10 =1897 mm

From Table 9.3, we see that according to IS : 1928 — 1961 (Reaffirmed 1996), the standard
diameter of ivet hole ( 4 ) 15 19 mm and the corresponding diameter of the nvet1s 18 mm. Ans.

2. Pitch of rivets
Let p = Pitch of nvets.
Since the joint 15 a single niveted double strap butt joint as shown m Fig. 9 8, therefore there 15
one rivet per pitch length (7 e. m = 1) and the nivets are in double shear.

We know that tearing resistance of the plate,
P =(p-d)txo,=(p—19)10%80=800(p—19)N ()
and shearning resistance of the rivets,

T
P =nx1875x E xd =T .~ Rivets are in double shear)

&
It
=1x1875x (192 60 =31 900 N en=1) (i)

From equations (i) and (i7). we get
800 (p—19) = 31 900
p—19 =31900/800=39.87 or p=39.87+ 19=258.87 say 60 mm
According to I B R, the maximum pitch of rivets,
P = C-1+41.28 mm



From Table 9.5, we find that for double strap butt joint and 1 rivet per pitch length. the value of
C1s 1.75.

P = 1.75 %10 +41.28 = 58.78 say 60 mm
From above we see thatp=p _=60mm Ans.
3. Thickness af cover plates
We know that thickness of cover plates,
t, = 0.625t=0625=x10=625mm  Ans.
Efficiency af the joint
We know that tearing resistance of the plate
P =(p-d)tx0,=(60—19)10 x 80=32800 N
and shearmng resistance of the rivets, |
P_=pnx1875x E x " x1=1%x1875x% ; (19 60=31900N
. Strength of the joint
= Least of P,and P,=31900 N
Strength of the unrniveted plate per pitch length
P=pxtxg=00=10=80=48 000 N
. Efficiency of the joint, |
Leastof P and P 31900
= P ~ 48 000

= (0.665 or 66.5% Ans.




Pbm:3 A steam boiler is to be designed for a working pressure of
2.5 N/mm2 with its inside diameter 1.6 m. Give the design
calculations for the longitudinal and circumferential joints
for the following working stresses for steel plates and rivets :
In tension = 75 MPa ; In shear = 60 MPa; In crushing = 125 MPa.
Draw the joints to a suitable scale.

Glven data :

P=2.5N/mm2
D=1.6m=1600 mm

ot =75 MPa =75 N/mm?2

T =60 MPa =60 N/mm?2

oc = 125 MPa = 125 N/mm?2



Design of longitudinal joint
The longitudinal joint for a steam boiler may be
designed as follows :

1. Thickness of boiler shell

We know that the thickness of botler shell,

PD 25%1600
[ = E_GI +1mm= W +1 mm
=276say2fmm  Ans.
1. Diameter of rivet
Since the thickness of the plate 1s more than 8 mm, therefore diameter of rivet hole,

4= 6t <6428 =31.75 mm

From Table 9.3, we see that accordmg to IS : 1928 - 1961 (Reaffirmed 1996), the standard
diameter of rivet hole (/) 15 34.5 mm and the corresponding diameter of the rivetis 33 mm.  Ans.



3. Pirch of rivefrs

Assume the joint to be triple nveted double strap butt joint with unequal cover straps. as shown
in Fig. 9.11.

Let P = Pitch of the rivet in the outer most row.
.. Tearing resistance of the plate per pitch length.
P, =(p—d)tx0,=(p—345)28x75N
= 2100 (p—345)IN (D)
Since the joint 1s triple nveted with two unequal cover straps. therefore there are 5 nivets per

pitch length. Out of these five nvets. four are 1n double shear and one 1s 1n single shear. Assuming the
strength of mivets in double shear as 1 875 times that of single shear. therefore

Sheanng resistance of the nivets per pitch length,

=

™ b1
P =4=x1875= — xwdl=g+ — =wgdl=xt
. 4 4
n
=85x —=xdlxrt
.4

= 8.5 = E (34.5)° 60 =476 820 N ---(i)
Equating equations (7) and (i7), we get
2100 ( p — 34.5) = 476 820
p—345 =476 820/ 2100=227 or p=227+ 34 5=261.5mm
Ac,cordme, to I. B E.. the maximum pitch,
Py — C- 1+ 41 28 mm

From Table 9.5, we find that for double strap butt joint with 5 nivets per pitch length. the value
of C1s 6.

S Py — 0% 28+ 4128 =209 .28 say 220 mm
Since p, 15 less than p. therefore we shall adopt

P=p . —220mm Ans.
. Pitch of nvets i the mner row,

p'=220/2=110 mm Ans.



4. Distance between the rows of rivers

According to I B R, the distance between the outer row and the next row
=02p+1154=02=220+115=345mm
=83 7say 85 mm  Ans.

and the distance befween the inner rows for z1g-z1g riveting
=0.165p+0.67d=0.165 %220+ 0.67 * 345 mm

=594say00mm Ans.
5. Thickness of buff straps
We know that for unequal width of butt straps, the thicknesses are
For wide butt strap, f=075t=075%28=21 mm Ans,
and for narrow butt strap, t,=0625t=0625%28=175say 18mm  Ans.

[t may be noted that the wide and narmow bt straps are placed on the mside and outside of the
shell respectively.



6. Margin
We know that the margin,
m=15d=15=%x345=5175say 52mm Ans.
Let us now check the efficiency of the designed jomnt.
Tearing resistance of the plate 1n the outer row,
P =(p—d)t=g,=(220-345)28 = T5=389 550N
Shearing resistance of the nvets,

=

T 1 |
P =4x= 1_3?5#{1 xa’lxr+z = d?=xT=85x 2 wdd =T

T
=85x (34.5)2 60 =476 820 N

and crushing resistance of the nivets,
P =nxd*xtx0g_,=5=%345=x28=x125=0603 750N

The joint may also fail by tearing off the plate between the nnvets 1n the second row. This 15 only
possible if the nivets 1in the outermost row gives way (7 e. shears). Since there are two rivet holes per
pitch length in the second row and one rivet in the outermost row, therefore

Combined teanng and sheanng resistance

T
= (220 —2 = 34.5) 28 = 75+ — (34.5)2 60
4

=317 100+ 56096=373 196N
From above, we see that the strength of the joint
=373 196 N
Strength of the unnveted or solid plate,
P=pxtxg,=220 =28 x 75=462 000N
. Efficiency of the designed joint.
. 373196

N = ———— =0.808 or 80.8%  Ans.
462 000



Design of circumferential joint
The circumferential joint for a steam boiler may be designed as follows :

1. The thickness of the boiler shell (#) and diameter of rivet hole ( ) will be same as for

longitudimal joint, i e
t=28mm:andd=345mm

2. Number of rivets

Let n = Number of rivets.
We know that shearing resistance of the rivets
n
=px—xdixt
4

and total shearing load acting on the circumferential joint

=L pap
4

From equations () and (77), we get

1 x I xdixt= I xD2xP
4 4

_ D'XP_(1600) 25

Tkt (345760

= 89.6 say 90

..{if)

Ans.



3. Pitch of rivets

Assuming the jomt to be double riveted lap joint with zig-zag niveting, therefore number of
rivets per row

=90/2=45
We know that the pitch of the rivets,
| (D +1) 7 (1600 + 28)
1™ Number of rivets pEr oW ) - 13,7 mm

Let us take pitch of the rivets, p; = 140mm  Ans.
. Efficiency of the joint
We know that the efficiency of the circumferential joint,

[

_p—d 140-345
fle p 140
. Distance between the rows of rivets
We know that the distance between the rows of rivets for zig-zag riveting,
=033p, + 0067 d=033 = 140+ 0.67 * 345 mm

=693 say 70mm Ans.

=0.7530r 75.3%

i

=,

. Margin
We know that the margin,
m=15d=15%345
=53175say 52 mm Ans,



Riveted Joint for Structural Use—Joints of
Uniform Strength

A riveted joint known as Lozenge joint
used for roof, bridge work




1. Diameter of rivef
The diameter of the rivet hole 15 obtained by using Unwin's formula_ 7 e.

d= 6t

Pt P Py
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2. Number of rivefs
The number of nivets required for the joint may be obtamned by the shearing or crushing
resistance of the rivets.
Let P, = Maximum pull acting on the joint. This 1s the tearing resistance
of the plate at the outer row which has only one rivet.
=(b-d)txg,



' Shearing resistance of one rivet,

I )i
P,=175% 7 xd™x1

and crushing resistance of one rivet,
P =dxtxg,
' Number of rivets required for the jomt,
B

" Leastof PoP
3. From the number of rivets, the number of rows and the number of rivets 1 each row 15 decided.

]

4. Thickness of the butt straps
The thickness of the butt strap.
f, = 1.25 ¢, for sigle cover strap
= (.75 t, for double cover strap



5. Efficiency of the joini
First of all. calculate the resistances along the sections 1-1_ 2-2 and 3-3.
At section 1-1, there 1s only one nvet hole.
. Resistance of the joint in tearing along 1-1.
P,=(b-d)t=a,
At section 2-2_ there are two rivet holes.
. Resistance of the joint in tearing along 2-2.
P, =(b—2d)t= g, + Strength of one nivet in front of section 2-2
(This 15 due to the fact that for tearing off the plate at section 2-2, the rivet in front of section
2-2 i e. atsection 1-1 must first fracture).
Similarly at section 3-3 there are three nvet holes.
. Resistance of the jomt in teaning along 3-3,
P, =(b—3d)t= 0, + Strength of 3 nvets in front of section 3-3
The least value of P,.P, P, P orP 1s the strength of the joint.
We know that the strength of unniveted plate.
P=bxtxgQ,
". Efficiency of the joint,

Leastof B;. By B3. B or P,
n= P

6. The pitch of the rivets is obtained by equating the strength of the joint in
tension to the strength of the rivets in shear.

7. The marginal pitch (m) should not be less than 1.5 d.

8. The distance between the rows of rivets is 2.5 d to 3 d.



Example 9.11. Twve lengrhs of mild steel tie rod having width 200 mm and thickness 12.5 mm
are to be connected by means of a butt joint with double cover plates. Design the joint if the
permissible stresses are 80 MPa in tension, 65 MPa in shear and 160 MPa in crushing. Make a
sketch of the joint.

Solution. Given :5=200mm ;7= 12.5mm : ¢,= 80 MPa =80 N/mm” : T=65 MPa= 65 N/mm? ;
¢_= 160 MPa = 160 N/mm

1. Diameter of rivet
We know that the diameter of nivet hole.

d= 67 = 6125 = 21.2 mm

From Table 9.7, we see that according to IS : 1929 — 1982 (Reaffirmed 1996). the standard
diameter of the rivet hole ( 4 ) 15 21_5 mm and the comresponding diameter of mvet 1s 20 mm. Amns.

2. Number of rivefrs
Let n = Number of nvets.
We know that maximum pull acting on the joint,
P,=(b—d)t=c,=(200—-215)125 =x 80 =178 500 N

Since the joint 1s a butt joint with double cover plates as shown in Fig. 9. 20, therefore the nvets
are 1n double shear. Assume that the resistance of the rnivet in double shear 1s 1.75 numes than in single
shear.

. Shearing resistance of one rivet,
T T
P_=175x il di=1=1.75= y (21.57 65=41300N

and crushing resistance of one nvet,
P =dxtx0g,=215x125=x160=43 000N
Since the shearing resistance i1s less than the crushing resistance. therefore number of nvets
required for the joint,

P 178 500
n=—-"L= =432say 5 Anmns.
P 41300

-3




3. The arrangement of the rivets 1s shown 1n Fig. 9 20.
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4. Thickness of buir straps

We know that thickness of butt straps.

Fig. 9.20. All dimensions in num_

H, =0.75t=075=125=9375say 94 mm Ans.



5. Efficiency of the joint
First of all, let us find the resistances along the sections 1-1. 2-2 and 3-3.
At section 1-1, there 15 only one rivet hole.
.. Resistance of the jont in tearing along section 1-1,
P, =(b-d)t*0,=(200-21.5)125%80=178 500 N
Atsection 2-2, there are two rivet holes. In this case, the tearing of the plate will only take place
if the rivet at section 1-1 (in front of section 2-2) gives way (i.e. shears).
.. Resistance of the jomt in tearing along section 2-2,
P, = (b-2d ) t» ¢ + Sheanng resistance of one rivet
=(200-2%215)125=80+41300=198 300N
At section 3-3, there are two rivet holes. The tearing of the plate will only take place if one rivet
at section 1-1 and two rivets at section 2-2 gives way (i.e. shears).
.. Resistance of the joint in tearing along section 3-3,
P, =(b-2d)1=g,+ Shearmg resistance of 3 rvets
=(200-2%215)125=80+3=x41300=280900 N
Shearmng resistance of all the 5 nivets
P =5%41300=206 500N

and crushing resistance of all the 5 rivets)
P_=5%43000=215000 N



Stnce the strength of the joint 15 the least value of P.P.P.P and P therefore strength of
the jomt
=178 500 N along section 1-1
We know that strength of the un-riveted plate,
=h <1%0,=20%125%80=200000 N
. Effictency of the jomt,
Strength of the joint 178500

" Strength of the uariveted plate 200 000
= 08925 or 89.25% Aus.

6. Pitch of rivets, p=3d+5mm=(3%215)+5=6955ay J0mm Ans.
7, Margmal pitch, m=15d=15%x215=3325say35mm Ans.
§. Distance between the rows of rivets

=25d=25%215=53T5say 55mm Ans.

1



ECCENTRIC LOADED RIVETED JOINT

* When the line of action of the load does not
pass through the centroid of the rivet system
and thus all rivets are not equally loaded, then
the joint Is saild to be an eccentric loaded
riveted joint, as

 The eccentric loading results In secondary
shear caused by the tendency of force to twist
the joint about the centre of gravity in addition
to direct shear or primary shear.



Example 9.14. 4n eccentrically loaded lap riveted join is to be designed for a steel bracket as
shown in Fig. 9.24.
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Fig. .24

The bracket plate is 25 mm thick. All rivets are to be of the same size. Load on the bracket,
P =50 kN ; rivet spacing, C = 100 mm; load arm, e = 400 mm.

Permissible shear stress is 65 MPa and crushing stvess is 120 MPa. Determine the size of the
rivets to be used for the joint.



Solution. Given - t=25mm: P=S0KN=50 % 10°N:e=400mm: n=7: 1= 65 MPa
=65 N/mm”; 0_= 120 MPa = 120 N/mm’
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Fig. 0.25
First of all, let us find the centre of gravity (G) of the rivet system.
Let v = Distance of centre of gravity from OY,

y = Distance of centre of gravity from OX.



X, Xy, X5... = Distances of centre of gravity of each rivet from OF. and
¥1- V5. ¥5... = Dstances of centre of gravity of each rivet from OX

Il+I2+I3+I4+Ij +I&+I?

We know that r = n
100 + 200 + 200 + 200
= » =100 mm e xp=x=x,=10)
and ; _ Nttt Yt s Tty
_ i
200 + 200 + 200 + 100 + 100
= - =1143mm (- y.=y,=0)

.. The centre of gravity (G) of the rivet system lies at a distance of 100 mm from OF and 114 3
mm from OX. as shown in Fig. 9.25.

We know that direct shear load on each nivet.

3
P 50x10
P =—= =7143 N
£ ooom 7
The direct shear load acts parallel to the direction of load P i e. vertically downward as shown
in Fig 925

Turning moment produced by the load P due to eccentricity (e)
=P % ¢=50x 10° x 400 = 20 x 108 N-mm




From the geometry of the figure, we find that

=1 :J(mﬂ)E +(200- 1143 =131.7 mm
l, =200-1143=85.7 mm

I, = I =y(100)2 + (1143 - 100)* =101 mm

and Iy = I, = /(100 + (1143)* =152 mm
Now equating the furning moment due to eccentricity of the load to the resisting moment of the
rvets, we have

pre ? 2+ 07+ 0 + 0 + 6 + P + (7]
|

4
-

. |
50 x 103 x 400 = ﬁ [2(131_?)2 +(85.7) + 20101 +20152) }

20x 10°% 131.7 = F(34 690 + 7345 +20 402 + 46 208) = 108 645 F,
F, =20« 109% 131.7/108 645 =24 244 N



Since the secondary shear loads are proportional to their radial distances from the centre of
gravity, therefore

F?zﬂxgi:24244xy:15??61‘4
: A 1317
]
ngﬂxfzﬁ:mmm (L =h)
Fi=ﬂxgi:24244xﬁ=]8593N
A 1317
I
Fo= BX =N = 1131
b 1317
:
Fy=Fx =R =11 (ed=D

1

.
= X <R =8 eh=)
l



By drawing the direct and secondary shear loads on each rivet, we see that the rivets 3, 4 and 5
are heavily loaded. Let us now find the angles between the direct and secondary shear load for these
three rivets. From the geometry of Fig. 9.26, we find that

100 100
cos E.l3 = = =0.76
I, 1317
100 100
c0sB, = —=—=099
I, 101
100 100
and cosB: = — = —=10.658
L 152

Now resultant shear load on rivet 3.

Ry=(B)’ + ()’ + 2P, X F; X cos 6,

:.j(te'lau%)2 +(24244)° + 2% 7143 %24 244%x 076 =30 033 N
Resultant shear load on rivet 4,

Ry= \[(B)} + (F})? +2 B, x Fy  cos B

= \/(?143)2 + (18 593)* + 2% 7143 X 18 593 X 0.99 = 25 684 N

and resultant shear load on rivet 5,

Rs= .J{P'S)2 +{F5)2 + 2 B X F; X cos B5

= J(7143)} + (27 981)% + 2x 7143 X 27 981X 0.658 = 33 121 N



The resultant shear load may be determined graphucally, as shown i Fig. 9.26.

From above we see that the maximum resultant shear load 15 on rivet 5. If d 15 the diameter of
rivet hole, then maximum resultant shear load (R;),

T, I )
33121 =3 :x:d*x'r=£ xd*x65=514"

d?=33121/51=6494 or d=255mm

From Table 9.7, we see that accordmng to IS : 1929-1982 (Reaffirmed 1996), the standard
diameter of the rivet hole (4) 15 25.5 mm and the corresponding diameter of rivet 15 24 mm.

Let us now check the jomt for crushing stress. We know that

© Max load R 33121

Crushing stress = , = =
: Crushing area  dxt 25.5%25

= 51.95 N/mm?’ = 51.95 MPa

Since this stress 15 well below the given crushing stress of 120 MPa, therefore the design 15
satisfactory.



UNIT IV
ENERGY STORING ELEMENTS
AND ENGINE COMPONENTS

Various types of springs, optimization of
helical springs - rubber springs

Flywheels considering stresses In rims and
arms for engines and punching machines-
Connecting Rods and crank shafts.



Introduction

« Aspring iIs defined as an elastic body, whose
function is to distort when loaded and to

recover its original shape when the load is
removed.



APPLICATIONS OF SPRINGS

1. To cushion, absorb or control energy due to either shock or
vibration as in car springs, railway buffers, air-craft landing
gears, shock absorbers and vibration dampers.

2. To apply forces, as in brakes, clutches and spring-loaded
valves.

3. To control motion by maintaining contact between two
elements as in cams and followers.

4. To measure forces, as in spring balances and engine
Indicators etc.



Types of Springs

Though there are many types of the springs, yet the following, according to their shape, are
important from the subject point of view.

1. Helical springs. The helical springs are made up of a wire coiled in the form of a helix and
are primarily intended for compressive or tensile loads. The cross-section of the wire from which
the spring 1s made may be circular, square or rectangular. The two forms of helical springs are
compression helical spring as shown in Fig (a) and tension helical spring as shown in Fig (b).

{0) Compression helical spring. () Tension helical spring.



2. Conical and volute springs. The conscal and volute springs, as shown n Fig. 23.2 are used
m spectal applications where a telescoping spring or a spring with a spring rate that increases with the
load 15 desired. The conical spring, as shown mn Fig. 232 (a), 1s wound with a untform pitch whereas
the volute springs, as shown m Fig. 23.2 (b), are wound 1n the form of parabolotd with constant pitch

(a) Conical spring. (b) Volute spring.



3. Torsion springs. These springs may be of helical or spiral type as shown m Fig. 233 The
helical type may be used only mn applications where the load tends to wind up the spring and are used

in various electrical mechamisms. The spiral type is also used where the load tends to increase the
number of coils and when made of flat strip are used 1 watches and clocks.

The major stresses produced 1n torsion springs are tensile and compressive due to bending.
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(a) Helical torsion spring. (b) Spiral torsion spring.



4. Laminated or leaf springs. The lamuated or leaf spring (also known as flat spring or carriage
spring) conssts of a number of flat plates (known as leaves) of varyig lengths held together by
means of clamps and bolfs, as shown 1n Fig. 23 4. These are mostly used tn automobiles.

The major stresses produced tn leaf springs are tensile and compressive stresses,

o
- e TH-
: = =
——+
— [N I -
—Ltl




5. Disc or bellevile springs. These springs consist of a number of contcal dises held together
aganst slipping by a central bolt or tube as shown n Fig. 23.5. These springs are used i applications
where high spring rates and compact spring units are required.

The major stresses produced 1 disc or bellevile springs are tensile and compressive sfresses.

b. Special purpose springs. These springs are air or liquid springs, rubber springs, ring springs
efc. The flmds (air or liquid) can behave as a compression spring. These springs are used for spectal
fypes of application only

3’!@%
z
g &7
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Fig. 23.5. Disc or bellevile springs.



23.5 Terms used in Compression Springs

The followng terms used n connection with compression springs are important from the subject
pomf of view.
1. Solid length. When the compression spring 15 compressed until the coils come in contact

with each other, then the spring 15 said to be selid. The solid length of a spring 15 the product of total
number of coils and the diameter of the wire. Mathematically,

Solid length of the spring,
L,=n'd
where n' = Total number of cols, and

d = Diameter of the wire,

1. Free length. The free length of a compression spring, as shown n Fig 23.6, 1s the length of
the spring 1n the free or unloaded condition. If 15 equal to the solid length plus the maximum deflection
or compression of the spring and the clearance between the adjacent coils (when fully compressed).
Mathematically,
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Fig. 23.6. Compression spring nomenclature.

Free length of the spring,

L; = Solid length + Maximum compression + *Clearance between
adjacent coils (or clash allowance)

=n'd+9,, +0.159,

The followng relation may also be used to find the free length of the spring ie.

L.=n'd+d _+(n'-1)x1mm

In this expression, the clearance between the two adjacent couls 1s taken as 1 mm.



3. Spring index. The spring index is defined as the ratio of the mean diameter of the col to the
diameter of the wire. Mathematically.

Spring index. C=Dld
where D = Mean diameter of the coil. and
d = Diameter of the wire.
4. Spring rate, The spring rate (or stiffness or spring constant) 1s defined as the load required
per unit deflection of the spring. Mathematically,
Spring rate, k=W/o
where W = Load, and
0 = Deflection of the spring.



S. Pitch. The pitch of the coil 1s defined as the axial distance between adjacent coils in
uncompressed state. Mathematically,

: : Free |
Pitch of the coil, p= mﬂ, en]gth
H J—

The pitch of the coil may also be obtamned by using the following relation, i.e.

: : Ly -
Pitch of the coil, p== Ls +d

’

n
where L = Free length of the spring,
L = Solid length of the spring,
n' = Total number of coils, and
d = Diameter of the wire.
In choosing the pitch of the coils, the following points should be noted :
(a) The pitch of the coils should be such that if the spring i1s accidently or carelessly compressed,
the stress does not increase the yield point stress in torsion.
(b) The spring should not close up before the maximum service load is reached.

Note : In designing a tension spring (See Example 23 §). the minimum gap between two coils when the spring
15 1n the free state 15 taken as 1 mum. Thus the free length of the spring,

Ly =nd+(-1)
L

n—1

and pitch of the coil, p=



23.8 Stresses in Helical Springs of Circular Wire

Consider a helical compression spring made of circular wire and subjected to an axial load W, as
shown in Fig. 23.10 (a).

Let D = Mean diameter of the spring coal,
d = Diameter of the spring wire,
1 = Number of active coils,
G = Modulus of rigidity for the spring material,
W = Axial load on the spring,
T = Maximum shear stress induced 1n the wire.
C = Spring index = D/d,
p = Pitch of the coils, and
6 = Deflection of the spring, as a result of an axial load W.

(a) Axially loaded helical spring. (b) Free body diagram showing that wire
is subjected to torsional shear and a
direct shear.



Example 23.2. 4 helical spring is made from a wire of 6 mm diameter and has outside diameter
of 75 mm_ If the permissible shear stress is 350 MPa and modulus of rigidity 84 kN/mm?, find the
axial load which the spring can carry and the deflection per active turn.

Solution. Gaven : d = 6 mum ; D_=75mm: T= 350 MPa = 350 N/mm?: & = 84 kKN/mm-

= 84 = 10 N/mm?
We know that mean diameter of the spring_
D =Dﬂ—d=?5—ﬁ=ﬁ!}mm

: . D 69

s, Spring index_ C=—=—17=115
e 6

Let W = Axial load. and

6 /' n = Deflection per active turmn.
1. Neglecting the effect of curvatire
We know that the shear stress factor,

1 1
K, =1+—=1+—"=1043
2C 2x11.5
and maximum shear stress induced in the wire (1),
350 = KEKM=1_Q43HM=D_343W
m™d 6
S W =350/0848 =412 7N Ans.
We know that deflection of the spring.
8w _D.n
8= "Gt
. Deflection per active turn,
5 8W.D' 8x4127(69)
— = = =996 mm Amns.

7 G.d* 84 x 10° x 6*



2. Considering the effect of curvature
We know that Wahl's stress factor,

4C-1 0615 4x115-1 0615
K= + = + =1.123
4C-4 C  4X115-4 115
We also know that the maximum shear stress induced in the wire (T).
: XW X115
350=KK8W5=1.133KE " il =0913W
nd mX6

W =350/0913=383.4 N Ans.
and deflection of the spring,
SW.D’.n
T G4

. Deflection per active turn.

5 SW.D §x3834 (69)
— = = () =026 mm Ans.

o Gdb 8ax10°x 6’




Example 23.6. Design a close coiled helical compression spring for a service load ranging
from 2250 N to 2750 N. The axial deflection of the spring for the load range is 6 mm. Assume a

spring index of 5. The permissible shear stress intensity is 420 MPa and modulus of rigidity,
G = 84 kN/mm-.

Neglect the effect of stress concentration. Draw a fully dimensioned sketch of the spring, show-
ing details of the finish of the end coils.

Sulutmn Gﬂen:ﬁ"l—ETS{}N W4=7?SGN O=6mm: C= Did=5; 1= 420 MPa
= 420 N/mm? -G =84 kN/mm —B4K1D3Nmm

1. Mean diameter of the spring coil

Let D = Mean diameter of the spring coil for a maxumum load of

W, =2750 N, and
d = Diameter of the spring wire_
We know that twisting moment on the spring,

D 5d e D
We also know that twisting moment (77),

T It
6875 d = Exrxd-” :Ex42t}xd3 —8248d°

d* = 6875/82.48=8335 or d=9.13 mm

From Table 23 2 we shall take a standard wire of size SWG& 3/0 having diameter (d ) =9 49 mm.
. Mean diameter of the spring coil,

D =5d=5 %949 =47 .45 mm Ans.
We know that outer diameter of the spring coil,

D, =D+d=4745+949 =56 94 mm Ans.
and mner diameter of the spring coil,

D, =D—d=4745—-949 =37 96 mm Ans.



2. Number of turns of the spring coil
Let n = Number of active turns.

It 15 given that the axial deflection (8) for the load range from 2250 N'to 2750 N (i e. for W=500N)
1S 6mm.

We know that the deflection of the spring (),
. SW.C’.n _ 8x500(5)’°n C063n
G.d 84 x10° % 9.49
. n=6/063=95sayl10 Ans. Tk
For squared and ground ends, the total number of turns, =
n"=10+2=12 Ans.

3. Free length of the spring >
mim

Since the compression produced under 500 N 1s 6 mm, therefore D
maxinun compression produced under the maximum load of 2750 N 1s _+_ [
5 = -2 x2750 =33 mm 13.8 mm_|= ]| }
max 500 Yy
We know that free length of the spring, ]" T T
Lo =n'd+d, +0156 Fig. 23.14

=12 %949+ 33+ 0.15 = 33
=151.83 say 152 mm Ans.

4. Pitch of the coil
We know that pitch of the ::crj_l

_ Freelength _ 152
ree leng =13.73 say 13.8 mm Ans.
-1  12-1




Leaf springs problems

Pbm:1

Design a leaf spring with maximum load 140 kN
Number of springs =4

Material for spring-Chromium Vanadium Steel
Permissible tensile stress = 600N/mm2
Maximum number of leaves =10

Span of spring =1000 mm

Permissible deflection = 80 mm

Young's modulus of the spring =200 KN/mm2



Given data:

Maximum load on the spring, 2P = 140 kN = 140 x 10° N
Number of spring, n, = 4

Permissible tensile stress, o = 600 N/mn:?
Maximum number of leaves = 10

Span of spring, 2L = 1000 mm, L = 500 mm
Permissible deflection, y = 80 mm

Young’s modulus of the spring, E =200 AN/mm® =200x10° N/mns?

To find:

(1) Width of the leaf spring, b
(i) Thickness of the leaf, ¢



Solution: -

Load on the spring, 2P = 140 x 10’

~ 140x10°
Numberofspring
3 140x10°
4

P=17500 N
o e P L
Permissible stress, o = 3

nbt

i 6x17500<500
10xbt>



6P L

Deflection of the spring, y = ;
Inbit

6x17500<500
80 = —
200x 10" x10x bt

bt = 82031.25
bt* .t = 82031.25

From equations (4.90) and (4.91),
8750r = 82031.25

_ 8203125
8750

= 9375 mm



Say thickness of the leaves, 1 = 10 mm

8750 8750
i _2_~: ‘-‘i’ :87.5 mm
{ | 0

Width of the leaves, b =87.5 mm

b

* The nearest standard size, b = 90 mm

Result:
(i)  Width of the leaf spring, b =90 mm

(ii) Thickness of the load, r = 10 mm.



Design a cantilever leaf spring fo absorb 600 N-m energy without exceeding a deflection of

150 mm and a stress of 800 Nimnt', The length of the spring is 600 mm. The mateial of th
spring is steel. [MU-0ct 0}

Given data:
Cantilever leaf spring energy absorbed, £; = 600 N-m = 600x10° Nemm

Deflection of the spring, y = 130 mm
Bending stress of the spring, 6, = 800 N
Length of the spring, L =600 mn



Solution:
1
Energy, E, = E xPxy

600 x 10° = % x P x 150

Maximum load, P = 8000 N
The maximum permissible stress in leaf spring is

_ 6PL
nbt

GCp

6x8000x600
00 =

2

o n=1
nbt L m==i)

6x8000x600
800

nbt® = 36000

nbt’ =



Select standard size.

Deflection of the spring,

_ 12PL
Enbt’

b

For steel spring, Young’s modulus,
E =2 x 10°N/mm’

6x 8000600’
2x1 o’ xnbt3

150 =

nbtt = 345600
b t=345600

From equations (4.92) and (4.93)
36000 = 345600

345600

= =96mm

1= 736000

t = 10 rmumn

1]



345600

nb= ——
;3

345600
(9.6)°

Select the width appropriate to, £ = 10 mm

nb = =390.625

The standard size of the width is 80 mm

. Number of leaves,

3906
n=> 8025=4.88 ~say 5

Result:
(i) Width of the leaf, b = 80 mm
(1) Thickness of the leaf, 1 = 10 nm

(111)) Number of leaves,n=35 ,



4.2. DESIGN OF FLYWHEELS

A flywheel is a heavy rotating mass which is placed between power source and driven member
to act as a reservoir of energy. The primary function of flywheel is to act as an “energy
accumulator”. Tt will absorb energy when the demand is less than the supply of energy and it
will release it when the demand is more than the energy being supplied. Depending on the

source of power and type of driven machinery, there are two distinct applications of the

flywheel.

(1) In some cases, the power is supplied at a uniform rate while the requirement of power
from the driven machinery is variable. Example: Punching press driven by an electric
motor, rolling mill driven by an electric motor. In these cases, the flywheel stores
energy during the idle portion of the work cycle by increasing its speed and it delivers

this energy during the peak load period of punching.



(ii) In other applications, the availability of energy is at a fluctuating rzte -

requirement of it for the driven machinery is at uniform

rate. Example
driven by an 1.C. engine.

MMaor

Flywheels are made in the form of three different types.
1. Disc type flywheel:

This type of flywheel is of solid disc type shown in Figure 4.31. It is used in autom - .
engines.

2. Web type flywheel:

It consists of a heavy rim connected to the hub by a disc shaped plate called wesd showr

Figure 4.32. This flywheel is mostly used with small power vertical I.C. engines.

L
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Figure 4.31 Solid disc type flywheel

3. Arme sype fIywheel:

Figwure 4.33 Arez nype fIvwheel



4.2.1. Flywheel Effect And Co-Efficient Of Fluctuation Of Speed

: o - : - . acs. The kinetic
Energy stored in a flywheel is in the form of kinetic energy of rotating mass. I'he kine
energy of a revolving mass is given by the expression,

> 1 >
E=lrnv2 =ln1c02k~ =— I~
2 ) 2

where
I = Mass moment of inertia = mk”
m=> Mass of the flywheel

k = Radius of gyration of the flywheel

o => Angular speed

The mass moment of inertia required for the flywheel is termed as fIywheel effect.

When the speed of flywheel changes from ®max tO ®pmins the change in kinetic energy of the
flywheel is given by

AK'E == -‘1;_ I[(‘Ofnax - (Dr2|1in]
In order to keep the variation of speed within the permissible range, the fluctuation of energy

(AE) of the combined driver/driven system should be equal to change in kinetic energy.

AE = %I[mfmx——coz ]

min

[AE =1 K. |

... (4.94)

2 2
2 3 3 w —
where K. is the co efficient of fluctuation of speed = ——

. max ___min

2 wmax + (D
 is the mean angular speed =

min




4.2.2. Coefficient of fluctuation of energy (K.)

The difference between maximum and minimum energy during the cycle is called ffucrfuarior:

of energy (AE).

AE — FE,iox —

min

The ratio of fluctuation of energy to the mean energy is called coefficierzt of fluctrecatiorr of
enersy’-

Ky = Emex — Epug AE

= =

The fluctuation of energy can be determined by the turning moment diagram for one complete

cycle of operation. Mean energy of the cycle may be assumed as equal to the work done per
cycle. The work done per cycle may be obtained by the following relation:

(i) Work dorne per cycle = (M pmecarn >< &

where

TS ey =5 SR ST = e OO 1
O

27NV
£ —> Power to be transmitted
O —> angle turned in radians per revolution
O = 27t (for 2 stroke I1.C engines)
= 47t (for 4 stroke 1.C engines)

=< 60
rz

(ii) Work dorne per cycle =

where
P — Power

2 — Number of working stroke per minute

2.3. Stressesn in Flywhesl Rim

wricus stresacs in the flywheel rim are induced due to the following reasons.

1y fensile stress due 1o cenrifugal force.
(31) frending astress produced due to restrzining effect of arms.
(113) Shrinkage stress due to solidificatic

ion of casting and stress due to variations of
lorad and speed

1sile stress due to centrifugal force is given by
S 2 -
> — = p ¥~
=
where

-+ =— Specific weight of the rirm material



IDON
V —=> Mean rim speed = n()O

P — Mass density of the rimm material
P = 7200 kg/rn—‘ for cast iron
= 7800 kg/m> for cast steel
Bending stress, o, = 12/;29—
n-h
where
D — Diameter of the flywheel rim
52 = thickness of the rim
7 —> number of arms = 6, 8 or 10
The resultant stress in the rim at the junctions with the arms may be taken as
Sotal = — O +lc:
4 ! 4 °
= 0.75 < pV? + P 1;2hV2D_p
rn

4.935R
pra| 075+ 2728

For the safe design of the flywheel rim, the resultant stress should be less than or equal to

allowable strength of the flywheel. Generally, Crorar = 40MN/m* for cast iron flywheel.

4.2.4. Stresses in Arms

The arms of the flywheel are subjected to following types of stresses.
1. Tensile stress due to centrifugal force
2. Bending stress due to torque
3. Stress due to belt tension.

Tensile stress due to centrifugal force is given by the equation

3 2
iy = ZPV



4.2.5. Design Of Flywheel Shaft, Hub and Key
Shaft:

The diameter of flywheel shaft (d) is calculated on the basis of maximum torque tc

transmitted
(M ax = % xTxd}
where d,; is the diameter of shaft
Hub:

The inside diameter of the hub is equal to the diameter of the shaft. The outside diameter
generally taken as twice the diameter of the shaft.
d, =2d

Otherwise, it may also be calculated by

M, e —‘——: 14
= — xTX

Length of the hub, L, = 24, to 2.54,

Key:
A rectangular or square sunk key may be used.

For square key,

d
Width of the key, w = thickness of key = T'

Length of the key can be found out on the basis of maximum torque.

dl
(M)ma.g:LkXWXTX *-2—



A single cylinder single acting four-stroke oil engine develops 18 kW indicated power ¢
275rpm. The work done by gases during the expansion stroke is 2.3 times the work done oy,
the gases during the compression stroke and work done during the suction and exhausy

strokes is negligible. If the speed is (o be maintained within 1+ 1% of the mean speed, find
the flywheel effect.

Given data:
Indicated power, P = 18 kW
Speed, N =275 rpm

Work done during expansion, W, = 2.3 times work done during compression.

Fluctuation of speed, = + 1%

To find:
Flywheel effect

@ Solution:

Px60 18x10>x60
Mean torque, (M) mean = ~2—1t_}\'/_ = ~—‘:2;<275 = 625 N-m

Indicated work done per cycle = (M) mean % 47 = 625 x 41 = 7853.98 N-m

Since the work done during suction and exhaust strokes is negligible, then

W .
Work done per cycle = Wy — Wc = Wi — 2’:3 = 0.565W;: (-0 Wi=23Wc)

7853.98 = 0.565 < Wy



? Maximum torque
=
=4 Mean torque
—
ﬂ\/zn 3 ~—_ 4
( Suction __—J Compression -:!;‘ Expansion ! Exhaust |

Crank angle (6)

Figure 4.35
Work done during expansion,
Wiy = 13900.85 N-m
Indicated work done per stroke = 625 x 7t = 1963.49 N-722

Maximum fluctuation of energy (AE),

= Work done during expansion — Indicated W.D. per stroke.
AE = 13900.85 — 1963.79 = 11937.06 N-772
Co-efficient of fluctuation of energy = 0.02

Mean velocity of rim,

= DN  n<xDx<275 - i
. 60 60 )
We know that AFE = mV? Kg

11937.06 = 2 (14.4D)2 < 0.02
m D? = 2878.34
m (2R)> = 2878.34

MR = 719.59 kg-rrt* Amns. -~
Reszls:

Fhwvwheel effect. 7 — mR2 = 719.59 kg-mi°.



A single cylinder I.C. engine working on four-stroke cycle develops 75 KW at 360 rpm. Tp,
maxirnum fluctuation of energy can be assumed to be 0.9 times the energv developed/cycle.
If the toral fluctuation of speed is not to exceed 1% and the maximum centrifugal stress in
the flywheel is to be 5.5 MN/m", estimate the mean diameter and the cross-sectional area of

the rim. Flywheel is made of cast iron. M. U.-Oct."97)

Given data:
Power = 7S AW =75 < 10° W
Speed, N =360 rpm
AE =09F
Centrifugal stress = 5.5 AMN/m>
Total fluctuation of speed, K; = 1% = 0.01

To find:
1. Mean diameter

2. Cross sectional area of the rim.

@ Solution:
We know that the centrifugal stress
o, =p V?
5.5 x 10° = 7200 x V? (- for C.I., p = 7200 kg/m>)
V=27.6 m/s

Tt DN
60

nixD>x<600
60

D= 0.87976 m Ans. ~

27.6 =~



Energy developed per cycle,

Px<60 75%10> <60
N 600

Maximum fluctuation of energy,

E = = 7500 N-m

AE =09 x E=0.9 x 7500 = 6750 N-m
We know that AE = m R? ©? Ky

2 2
6750 = m x (M o [[27=360) | 4 01
2 60

. m=458.8 kg

Mass of the flywheel rim, m =2 nt R A p
0.879

458.8 =21 x ( ) x A x 7200

Cross sectional area of the rim, 4 = 0.023 n?*

Result:
(i) Diameter of the rim, D = 0.879m = 879.76 mm

(ii) Cross sectional area of the rim, 4 = 0.023 .



Design and sketch a C.I. JSlywheel for four-stroke C.I. engine developing 50 kW at 150 rpm
with 75 explosions per minute. The total fluctuation of speed is limited to 0.5% of the mean
speed on either side. The work done during working stroke is 1.4 times the work done
during the cycle. Assume JSlywheel stores 90% of energy on the rim, hoop stress on the rim
should not increase more than 4 N/mni and density of the material is 7200 kg/m’.

Given data: [M.U.-Apr.’2003]
Power, P =50 kW =50 x 10°W

Speed, N =150 rpm

For 4 stroke engine, n = N/2 = 75

W.D during working stroke = 1.4 x work done during the cycle

Hoop stress, o, = 4 N/mm?>

p = 7200 kg/m’

To find:
Design and sketch of the cast iron flywheel

© Solution:

First of all, let us find the mean torque (/) transmitted by the engine or flywheel. We know
that the power transmitted (P),

2n Nx(M, )m,, ~ 21tx150x M,

3=
50x10 60 60

=N = 1571 M,



S50-10"
[ (W), % 08, ———"

) 318301 N orn 318301 N
1571

Since the explosions per minute are cqual to AV/2, the engine is a four-stroke cycle engine. I he
turning moment diagram of four-stroke engince is shown in Figure 4.36.

We know that the work done per cycle

(MI) rmiwcerry 77 ‘)
Work done during power (or) Working stroke

T Maximum torque
|
‘i
i

3183 - 471t
1.4 » 40000

40000 N-m

56000 N-m . (4.95)

Mean torque

,r//

: 47t
_Sut;t‘lsxlm l Cornpre}slgn Expansion ) jElhiat:lsi —_l

Crank angle (8)

Figure 4.36

Since the hatched area above the mean torque line represents the maximum fluctuation of
energy (AFE), therefore

Hatched area, AE = Work done during power stroke — (A L,

= 56000 — 3183 < 7t
We know that the hoop stress [o,],

ean

= 46000 N-rm
o, = p V?

4 < 10° = 7200 < p?
2 — 4x<10°
7200

V =23.57 mv/s

We also know that peripheral velocity (P),

Sy e AW
60

23 57 — t<xDD>x<150
60




23.58
D= =—""°" = - -
= 85 = 3 Ans
Cross sectional dimensions of rim, # = Thickness of rimm in meters

b = Width of rim in meters = 44

... Cross sectional area of rim, 4 =56 < A=4h < h= an*

First of all, LLet us find the mass of the flywheel rim.
772 = Mass of the flywheel rim, and

E = Total energy of the flywheel.

g ¢

Since the fluctuation of speed is 0.52%6 of the mean speed on either side. Therefore, total
fluctuation of speed,
N, — N> = 1% of mean speed = 0.01NV
and co-efficient of fluctuation of speed,
B N, — N, —
5 N -
We know that the maximum fluctuation of energy (AE),
46000 = E <2 K,— E <2 =< 0.01 = 0.02E
46000
- 22T 2300 = 107 Nom
0.02
Since the flywheel stores 9094 of energy on rim,
E,im = 0.9 x E= 0.9 x< 2300 x 10®> = 2070 x 10°N-m
We know that the energy in the rim (E,.m)-
~ ‘ _ -
2070 = 10> = }) < mx V= o xmx (23.58)°
yi2 = 7445 .8 kg
We also know that mass of fiywheel rim (rr1), )
~345.8 = 4 = D =< p =3k x 3 x 7200 x = 271433 .6
& 4438  -0.027
2714336
79 = 0. 1656 m ~ 16S.6 rrrrn Ans.
Ans.

P J,'¢.<(~—602.5mm



Desién of shaft:
Assume maximum torque = 2 (M) mean™

Maximum torque = % < T xdi
6366x<10° = % s 45 > oly>

d, = 89.65 rumn

Take standard diameter, d; = 90 rrzrrz

Diameter and length of hub:

2 <3183 =6366 N-rm=6366~10"N-rm,;

Assume T = 45N i)

Ans. =)

The diameter of hub is made equal to twice the diameter of the shaft and length of hub is

equal to width of the rim.
. Diameter of hub, d = 2d, = 2 < 90 = 180 rrzrnz

Length of hub, 7= 56 = 662.5S rrurn
Cross sectional dimensions of the elliptical arrns:
Assume Minor axis = 0.5 x major axis
c = 0.5a

Bending moment in the arm at the hub end,

(a7,)
B = Dxn(D_d) ~  3000<6

Section modulus for cross section of the arm,

3183<10°

Ans. ~X
Ans. <2

(3000—-180) = 498670 N-num

7T 7T >
= ——32><c><a'2 = —32><0.Sa><a‘ = 0.049a"
I et us assume bending stress,
., == 1S NV
AL 498670
Bending stress, S e e
Z 0.049a

@ = 87.87 mm say 88 rrurn

c=0.5 < 88 = 43 rrrrre

Ans.

¢ d

Ans.



Tensile stress due to centrifugal force,

_ 3 _ 3 2
oy = o 2= =y =< 7250 x< (23.58)

= 3.02 x 10° N/m2? = 3.02 N/rmr?

Total stress, opax = o, + o, =3.02 + 15 = 18.02 N/mnd®

which is less than allowable strength (20 N/7277°) of flywheel material. Hence, the design of
arms is safe.

Dimensions of key:
The standard dimensioris of rectangular sunk key for a shaft of diameter 9072772 are as follows.

From PSGDB 5.16, Corresponding to d = 90 722

Width of key, w = 12 rrzrrn Ans. ~
Thickness of key, 7 = 8 rrrrz Amns. =

Length of key may be taken as equal to length of hub.
Amns. -

So, length of key = 662.5 rrarn
662.Smm

W = e | %

Figure 4.37 Arm ype fiywheel

Resulr:
Diameter of the fliywheel rim, D = 3 m
Thickness of the flywheel nm, i = 165.6 mme
Width of the flywheel rim, & = 662.5 mum
Diameter of shaft, o, = 90 mmz
Diameter of hub, o —~ 180 »wm

Length of hub, /= & = 662.5 e



4.3. DESIGN OF CONNECTING ROD

The connecting rod is an intermediate link between piston and crankshaft of an I.C. engine. |t
transmits force from piston to crankshaft. It also carries the lubricating oil from the crank pin
end to the piston pin end and it provides lubrication to the piston cylinder assembly. The
connecting rod converts the reciprocating motion of the piston to rotary motion of the

crankshaft. The main parts of the connecting rod of an I.C engine are shown in Figure 4.40.
It has the following parts.

(i) An eye at the small end to accommodate piston pin bearing

(i1) A long shank usually of I-section, and

(iii) A big end opening which is usually split to take the crank pin bearing shells.
The length of the connecting rod is usually kept 3 to 4.5 times the crank radius.

The materials for connecting rod range from mild or medium carbon steels to alloy steels. In
industrial engines, carbon steel with ultimate tensile strength 550 to 670 N/mm® is used. In

transport engines, alloy steel having stre1 gth of about 780 N/mm” to 940 N/mm? is used.



| -

Sx2meis Manganese steel. In aero engines, nickel chrome steel having ultimate tensile
sTwnSth Oof about 920 NV S to 1350 Nl is used. Connecting rods are mostly manufactured
>y drop forging

i Small end
=

1A
4
|
) I |
2 - - RS == o 74
v ’CK.! I \ H

Sectional view at B-B

Figure 4.40 Connecting rod

4.3.1. Stresses in Connecting Rod
% comnecting rod i1s subjected to alternating tension and compression. The compressive stress
“eing much greater than tensile stress and it is therefore mainly designed as a strut. The

iresses in the connecting rod are set up by a combination of forces. The various forces acting
N the connecting rod are as follows.

-

The combined effects of gas pressure on the piston and the inertia of the
reciprocating parts.

- Inertia of the connecting rod.
Friction of the piston rings and of the piston.

T he friction of the rmo-end bearings.



4. 3 1.19. Force Due to Gas Pressure and Piston Inertia
The dwect load on the paston due 1© gas pressure 1s transformed to the connecting rod. This

foroe can be calculazed with the help of an indicator diagram. Otherwise, empirically

Force duse 1o gas pressure, F . = :‘i: - [Refer also PSGDB 7.122]

. e
F orce due 1O mestuia of reciprocating parts, A, = s w | cosO - C?S‘:?J [ref. PSGDB 7.122]
=z L . r

where & = Diamecter of piston
»r = Gas pressure
R = Weight of the reciprocating parts
r = Radius of the crank
w = Angular velocitny
I/ = Lengih of the connecting rod.
The et force acting on the piston will be algebraic sum of the gas force and the inertia force.
F=Fs = F, [Refer also PSGDB 7.122]

4 3.1.2 Force Due to Inertia of Connecting Rod

The small end of the connecting rod has a motion of pure translation and the big end a rotary
meotaon. 1 e inertia of connecting rod produces two types of forces namely longitudinal force
along the lemgth of the rod and a force normal to connecting rod called rnormal force. The
iomgstadenal component is taken into account by considering the one third portion of the
commeciing rod on the small end side as reciprocating. The remaining two third can be
asswrned as rotating with crank which produces a normal force and due to normal load a
cemrifugal force will act on connecting rod shown in Figure 4.41. This force will tory to bend
the commecting rod. The inertia forces act opposite to the direction of the centrifugal force.
This actson s vermed as whipping action and the stress induced due to the whipping action is

caliced wikipping stress.

Irsertia fovce om the connecting rod at %l from the crank pin,

P = é alw?® r for o = 90° [Refer also PSGDB 7.122]



: : M 21
+.Maximum bending stress, o, = max

Y 2 1
e X al®” r x——
2o 9\/5 20 VA

XX

2 2
S L [Refer also PSGDB 7.122]
9\/5 gZ_

where Z, = Section modulus.

4.3.1.3. Force Due to Friction of Piston and Piston Rings

The friction force due to piston and piston rings may be determined by the following relation
Pr=hmdzp,
where

z = number of rings
d = diameter of cylinder or piston

h = axial width of the ring

pr= pressure of rings = 0.0245 to 0.042N/mmn?

p = Coefficient of friction = 0.01 (about)
This force is quite small and can be neglected.



4.3.1.4. Friction of the Two End Bearings
The eftect of the friction at the two end bearings is to bend the connecting rod and it tries to
increase the compressive stress on the connecting rod due to the direct load. The maximum

bending moment will be at sections where the shank of the connecting rod joints the piston pin

and the crank pin ends.

4.3.2. Design Of Shank Of The Connecting Rod

The shank of the connecting rod may be of circular section, rectangular section or l-section.
Connecting rods of circular and rectangular sections are generally used in low speed engines
where as in high speed engines connecting rod of I-section is preferred. In high-speed engines,
the weight of the connecting rod should be as small as possible without sacrificing strength so
that the inertia forces remain small. Considering these two aspects, the most suitable section

for the shank is the I-section. The usual proportions chosen for the I-section are shown i
Figure 4.42 [Refer also PSGDB 7.122].

n

»

- — -

—— X 5t

X - —
f———

S o s

Figure 4. 42 I-section

| B

¥

When the gas force acts on the connecting rod, it behaves like a strut with both ends hinged.

strong if it satisfies the condition,
I.=3to03.517,

Therefore, a connecting rod can be equally

where /.. and /,, are the moment of inertia about the x-x and y-y axis respectively.

For the usual proportion shown in Figure 4.42 [Refer also PSGDB 7. 122],
Area of cross section, a = 1172

< By == 21T

12



The crippling stress induced in the rod can be computed by the Rankine’s formula.

S -a
T P Y
! +(‘( = )
K ow
S = Crippling stress
F o = Crippling load = F; < FOS

Fur=

where

FZOS = Factor of safety — 6 to 15 for heavy shock
= 4 to 7 for light shock

= 3 to S for steady load

C = Rankine constant = L for Cast iron
1600

- for Mild steel
7500

4.3.3. Design Of Pin For Small End (i.e. Piston Pin)
Z;, — ILength of the small end pin

Let
d; — Diameter of the small end pin

l ||
- o
= l

Figeure 4.43 Small end of t/re Corntnnecring rod



The usual proportion of these two is given by

L
—L=1.5to0o2
d

1
The design of piston pin is based on bearing pressure and load due to gas pressure

Fo =L, <d; x< P,,'

where Py, = Bearing pressure = 10.5 to 15.0A7P« for small end pin

The other dimension of the small end of the connecting rod is given by

(i) Inner diameter of the smallend, d,,= (1.1 to 1.25) d,

(ii) Outer diameter of the small end, &,,= (1.25 to 1.65) d,.

4.3.4. Design Of Pin For Big End
Let L, — Length of the big end pin
d> — Diameter of the big end pin
The usual proportion of these two is
Lz,
d2

=1.25to 1.5

i L |

Figwure 4.44 Big end of t/ie connecting rod

The design of big end pin is also based on the load due to gas pressure and bearing pressure of

the crank pin end.



,'1. .4 X /, wC
p « P

where p Beari
< « . =
b2 arnng pressure at the crank pin end = 5 to 11 N/rrrrs’

Bush thickness,
Lhsish (()‘() 3 to 0.1 ) ll)
pDistance between the centers of bolts (refer Figure 4.44)

X =(1.3t01.75)d;

I'he other dimension of the big end of the connecting rod is given by

(i) Inner diameter of the bigend, d_, = d> + 2 > thuwn
P "

(i1) Outer diameter of the big end, 4, = (1.25 to 1.65) d>

4.3.5. Design Of Bolts For Big End
Let #» be the number of bolts used to fasten the big end cap. The core diameter (d,) of the bolt

can be computed by using the following formula.
F,=n %< lt—xdf > T
4

where
F, = Inertia force due to reciprocating parts
72 = number of bolts
= Shear strength of the bolt material
—= 100N/mm’ for Mild steel
The nominal diameter (d,) of the bolt,

d.
0.84

db=

4.3.6. Design Of Cap Of The Big End

The cap of the big end is designed as a beam supported at the bolt center and may be assumed

5 be 1naded with concentrated load at centre.
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Figure 4.45 Cap of the big end of the connecting rod

The thickness of the cap is computed by the relation,

F xX

Bending moment, M, =

where X = Distance between bolt centers = (1.3 to 1.75) d,

We also know that M. =o, x Z

. bt?
where Z = section modulus = —¢

o, may be assumed as 120N/mm’*

t. = thickness of the cap.



Design a suitable connecting rod for a petrol engine for the following details.

Diameter of the piston = 100 mm

Weight of reciprocating parts per cylinder =20 N

Connecting rod length = 300 mm

Compression ratio = 7:1

Maximum explosion pressure = 3 N/mm’

Stroke = 140 mm

Speed of the engine = 2000 rpm. [Madras University-200)]
Given data: |

Diameter of the piston, 4 = 100 mm



N

weight of reciprocating parts per cylinder, R o5 A
Connecting rod length, 7/ = 300

Compression ratio = 7:1

Maximum explosion pressure, =3 Nitpir®
Stroke = 140 7272

Speed of the engine, V= 2000 rpn:

© Solution:

4t

i
L

T

Figure 4. 46

The connecting rod used in I.C. Engine is mostly of I-section with the proportions shown in
Figure 4.46.

5t

__._-'L._.x
|
%

For the selected I-section, from PSGDB 7.122

Area of the section, a = 117

Moment of inertia of the section about X-axis,

I, = 419 .
12
Moment of inertia of the section about Y-axis, 7,, = 13 lt‘

12

The ratio —= should be 3 to 3.5 for safety design.

v

xx

[~

For the selected I-section,

- = 3.2 which is satisfactory.

>



() Dissensions of I-sectior:
Load due to maximum explosion pressure,

7T 2
F‘=_ xd >

7T

F(,-=4><1002><3 =23561.95 N

We know that radius of gyration about the x-axis
K. =3.187

Rankine’s formula for buckling load (F.,)
_ c..a
N2
1+C( L ]
K ..
F..= Factor of safety < Fg
F.,=6 %< 23561.95= 141371.7 N [Assume FOS = 6]

il

1600

Fcr

... (4.98)

| )
For cast iron, C =

For mild s"teel, C = 1 g
7500

We assume that the connecting rod is made of mild steel,

Assume the stress value for mild steel, o, = 330 N/7202°

330x11z2
o] G002
7500 | 3.182 )~

141371.7 =

330x1 1"
t2 +3.77

f— 38904, _392x10>=0
. 2= A4.68 rarmm

141371.7 =

Thickness of I-section, 7 = S rrzrrz Ans.
Height of the I-section, A/ = Sr= 5 < S = 25 rrern Ans.
Width of the I-section, B=4r =4 < S = 20 rrun Ans.

ddd



ii) Desigre Of pire Jor srreall errdd-
Length of small end pin = /2,

Diameter of smalllend pin = «/,;
Ve
We know that \ —lL =1.5 to 2
" 1
Z
Let, —=1.75
dl
Ly = 1&75d|

IL.oad due to steam pressure,
Fe; = L, > oy =< pbl

A ssume, bearing pressure for small end,

Py = 13 Nrrzrz>

23561.95 = 1.75 d, < d, < 13
. dy= 32.18 rrzprr.
Say., diameter of small endpin,\

v = 33 rrarrz
1.75 < 33 = 57.75 rrz777

L] —
Say. Length of small endpin, /
L, — S8 rrzrrz >
(7ii) Desigrn of pire Jor big errd:
Z
Lz = 1.375 [ = 2 —1.25to 1.5]
= 5 2

ZL>— 1.375d->

for big end, £ %2 = 8 N/mern®

A ssume. bearing pressure
I oad due to steaim pressure, Fo: = > > d> > .

-3561.95 = 1.375d> =~ d> =< 8

7~ = A6.28 rrrrzz

cnd pin. -.:'_‘ == 37T rrzrrz

inv. diameter of big
Z-= 1.375 < 47 = 64 .6Z2rr2r72



Say. Length of big end pin, Z, =

65 rrzrez Ans.
(iv) Diarmeter of bolrs:
Angular velocity,
/
-
D = 2nlN 27 2000 209.439 rad/s
N 60 60
Radius of the crank, » = str;ke = 14:0 = 70 rrarr
Inertia force (&) due to reciprocating parts will be maximum when 6@ = O,
20
Fi=R 2 h’<\r\:cose+—cis——] )
= ;
— »
20

Fi= = (2094392 )x 0.07[1 + 0'037] —7720.66 N

o
Inertia force, E, = nxgxdcz < T i

7720 =4x§xd‘_2 =100 10°

T =100N/rmns ;1= 4|

Fs d.=A4.957=%< 1073 122 =4.957
Say core diameter of bolt, d.= S r2rrz

Ans.
Nominal di ter of bolt, d, 4, 2 5.05
omina iameter o olt, = = = 5.
*~ 0.84 0.84 rrame
Say diameter of bolt, d;, = 6 rrerre Ans.
(v) Thickness of big ernd éap, . >
Distance between the bolt centers, X = (1.3 to 1 -75) d>
X =1.5d>=1.5%<47 = 70.5 rmrm
Maximum bending moment acting on the cap,
_ F, <X 772Q66 =< 70.5
M = ’“6— = = 90717.755 mam
6
: . ¥
Section modulus, Z = <

6

Width of cap. b = L, = 65 nim



7= 65><tc2

=10.81;

M, =0o,xZ

90717.755 =120 x 10.81; (Assume - o, =120 N/mm’)

t.= 8.366 mm

Say thickness of big end cap,

t.= 8.5 mm Ans. A



UNIT V

BEARINGS
Sliding contact and rolling contact
bearings - Hydrodynamic journal

bearings, Sommerfeld Number,
Raimondi and Boyd graphs, -
Selection of Rolling Contact bearings.



Introduction

* A bearing Is a machine element which support
another moving machine element (known as
journal).

* It permits a relative motion between the
contact surfaces of the members, while
carrying the load.

* In order to reduce frictional resistance and
wear and In some cases to carry away the heat
generated, a layer of fluid (known as lubricant)
may be provided.



Classification of Bearings

The bearings may be classified in many yet the following are:

1. Depending upon the direction of load to be supported. The bearings under this group are
classified as:

(a) Radial bearings. and (b) Thrust bearings.

In radial bearings, the load acts perpendicular to the direction of motion of the moving element
as shown in Fig. 26.1 (a) and ().

In thrust bearings, the load acts along the axis of rotation as shown 1in Fig. 26.1 (¢).

Note : These bearings may move in either of the directions as shown m Fig. 26.1.

Load Moving Load Fixed

+ % element _\'\ % element
I a // /ﬁ’y | ALy

™, 7 / “{%’f ( 7 . “f%:f
__.___'||"_I'__, Load é ) ﬁ_ﬁ/;_ | _;? N féé{———r——?
\\| // | 07, % K /
N —y A e ’ffﬁif%/
' M{};:in :.:1;;71{:111 //% Fixed //é \ Moving
= | element element

——
?ﬁ/xfffﬁffffffffffffﬁ

— Fixed element
(@) Radial bearing. (b) Radial bearing. (¢) Thrust bearing.



2. Depending upon the nature of contact. The bearings under this group are classified as -
() Shding contact bearmgs, and (5) Rollmg contact bearings.

Insliding contact bearings, as shownm Fig. 26.2 (a), the sliding takes place along the surfaces
of contact between the moving element and the fixed element. The sliding contact bearings are also
known as plain bearings.

Fixed element
|
AL
/

Balls or rollers

A /4
A
//”. )

)
iy

Moving element

(a) Sliding contact bearing. (b) Rolling contact bearings.



26.13 Terms used in Hydrodynamic Journal Bearing
A hydrodynanmue journal bearing 1s shown i Fig. 26.7, 1n which O 1s the centre of the journal
and O’ 1s the centre of the bearing.

Let D = Diameter of the bearing, . . | .
R . Lt I‘_[‘
d = Diameter of the journal, e of centres earing
and

[ = Length of the bearing_
The following terms used in hydrodynamic journal
bearing are important from the subject point of view :

1. Diamertral clearance. It the difference between the
diameters of the bearing and the journal. Mathematically,
diametral clearance,

c=D-d
Note : The diametral clearance (c) in a bearing should be small Fig. 26.7. Hydrodynamic journal bearing.
enough to produce the necessary velocity gradient, so that the pressure built up will support the load. Also the
small clearance has the advantage of decreasing side leakage. However, the allowance must be made for manu-
facturing tolerances in the journal and bushing. A commeonly used clearance 1n industnial machines 1s 0.025 mm

per cm of journal diameter.
2. Radial clearance. It 1s the difference between the radu of the bearing and the journal.

Mathematically, radial clearance,
| D—-d ¢
€, = R—r= c
2 2
3. Diamertral clearance ratio. It 1s the ratio of the diametral clearance to the diameter of the
journal Mathematically, diametral clearance ratio
- c D-d
d d




4. Ecceniricify. It 1s the radial distance between the centre (O) of the bearing and the displaced
centre (O") of the bearing under load. It 1s denoted by e.

5. Minimum oil film thickness. It 1s the mimimum distance between the bearing and the journal,

under complete lubrication condition. It 1s denoted by ki, and occurs at the line of centres as shown mn
Fig. 26.7.Its value may be assumed as ¢ / 4.

6. Attitude or eccentricify ratio. It 1s the ratio of the eccentricity to the radial clearance.
Mathematically, attitude or eccentricity ratio,
e _ah k% e
4] 0 a C
7. Short and long bearing. If the ratio of the length to the
diameter of the journal (i.e. / / d) 15 less than 1, then the bearing 15
said to be short bearing. On the other hand, 1f / / d 15 greater than
1, then the bearing 1s known as long bearing.

Notes : 1. When the length of the journal (/) 1s equal to the diameter of
the journal (d ). then the bearing 1s called square bearing.

1. Because of the side leakage of the lubricant from the bearing,
the pressure in the film 1s atmospheric at the ends of the bearmg. The
average pressure will be higher for a long bearing than for a short or
square bearing. Therefore, from the stand point of side leakage. a beaning
with a large [/ 4 ratio 1s preferable. However, space requirements,
manufacturing. tolerances and shaft deflections are better met with a short
bearing. The value of [ /d may be taken as 1 to 2 for general industrial Axle bearings

machinery. In crank shaft bearings, the // d ratio 15 frequently less than 1.




Rolling Contact Bearings

* In rolling contact bearings, the contact between
the bearing surfaces Is rolling instead of sliding as
In sliding contact bearings.

 We have already discussed that the ordinary
sliding bearing starts from rest with practically
metal-to-metal contact and has a high coefficient
of friction.

* It Is an outstanding advantage of a rolling contact
bearing over a sliding bearing that it has a low
starting friction.

* Due to this low friction offered by rolling contact
bearings, these are called antifriction bearings.



Types of Rolling Contact Bearings

* Following are the two types of rolling contact bearings:
1. Ball bearings; and 2. Roller bearings.

« The ball and roller bearings consist of an inner race which is
mounted on the shaft or journal and an outer race which is
carried by the housing or casing. In between the inner and
outer race, there are balls or rollers

* A number of balls or rollers are used and these are held at
proper distances by retainers so that they do not touch each
other. The retainers are thin strips and is usually in two parts
which are assembled after the balls have been properly spaced.

 The ball bearings are used for light loads and the roller
bearings are used for heavier loads.



YEH‘II Ohter race
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(a) Ball bearing. (b) Roller bearing.
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(a) Single row deep ~ (b) Filling notch, () Angular contact.  (d) Double row.  (e) Self-aligning.
ZIoove.



The rolling contact bearings, depending upon the
load to be carried, are classified as :

(a) Radial bearings, and (b) Thrust bearings.

* When a ball bearing supports only a radial load
(WR), the plane of rotation of the ball is
normal to the centre line of the bearing,

* The action of thrust load (WA) Is to shift the
plane of rotation of the balls The radial and
thrust loads both may be carried
simultaneously.



Types of Radial Ball Bearings

 Following are the various types of radial ball bearings:
1. Single row deep groove bearing.

* A single row deep groove bearing During assembly of
this bearing, the races are offset and the maximum
number of balls are placed

* between the races. The races are then centred and the
balls are symmetrically located by the use of a retainer or
cage. The deep groove ball bearings are used due to their
high load carrying capacity and suitability for high
running speeds.

* The load carrying capacity of a ball bearing Is related to
the size and number of the balls.




2. Filling notch bearing.

* These bearings have notches in the inner and
outer races which permit more balls to be
Inserted than in a deep groove ball bearings.

* The notches do not extend to the bottom of the
race way and therefore the balls Inserted
through the notches must be forced In position.

* Since this type of bearing contains larger
number of Dballs than a corresponding
unnotched one, therefore it has a larger bearing
load capacity.



3. Angular contact bearing.

 have one side of the outer race cut away to permit the
Insertion of more balls than In a deep groove bearing
but without having a notch cut into both races. This
permits the bearing to carry a relatively large axial
load in one direction while also carrying a relatively
large radial load.

« The angular contact bearings are usually used In pairs
so that thrust loads may be carried in either direction.

4. Double row bearing.

« These bearings may be made with radial or angular
contact between the balls and races. The double row
bearing is appreciably narrower than two single row
bearings.

 The load capacity of such bearings is slightly less
than twice that of a single row bearing.



5. Self-aligning bearing.

* These bearings permit shaft deflections within 2-3
degrees. It may be noted that normal clearance In
a ball bearing are too small to accommodate any
appreciable misalignment of the shaft relative to
the housing.

 [f the unit is assembled with shaft misalignment
present, then the bearing will be subjected to a
load that may be in excess of the design value and
premature failure may occur. Following are the
two types of

self-aligning bearings :
(a) Externally self-aligning bearing,
(b) Internally self-aligning bearing.



Thrust Ball Bearings

* The thrust ball bearings are used for carrying thrust
loads exclusively and at speeds below 2000 r.p.m. At
high speeds, centrifugal force causes the balls to be
forced out of the races. Therefore at high speeds, it Is
recommended that angular contact ball bearings
should be used in place of thrust ball bearings.

e
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(@) Single direction thrust ball bearing. (b) Double direction thrust ball bearing.



Types of Roller Bearings

 Following are the principal types of roller bearings :
1. Cylindrical roller bearings.

* These bearings have short rollers guided in a cage.
These bearings are relatively rigid against radial motion
and have the lowest coefficient of friction of any form
of heavy duty rolling-contact bearings. Such type of
bearings are used in high speed service.

2. Spherical roller bearings.

* These bearings are self-aligning bearings. The self-
aligning feature is achieved by grinding one of the
races In the form of sphere.

* These bearings can normally tolerate angular
misalignment in the order of + 1.5° and when used with
a double row of rollers, these can carry thrust loads In
either direction.



3. Needle roller bearings.

* These bearings are relatively slender and completely
fill the space so that neither a cage nor a retainer Is
needed. These bearings are used when heavy loads are
to be carried with an oscillatory motion, e.g. piston pin
bearings In heavy duty diesel engines, where the
reversal of motion tends to keep the rollers in correct
alignment.

4. Tapered roller bearings.

The rollers and race ways of these bearings are
truncated cones whose elements intersect at a common
point. Such type of bearings can carry both radial and
thrust loads.

These bearings are available in various combinations as
double row bearings and with different cone angles for
use with different relative magnitudes of radial and
thrust loads.



(#) Spherical roller.

(a) Cylhindrical roller.

_HI_:—

() Tapered roller.

(¢) Needle roller.



Advantages

1. Low starting and running friction except at very high
speeds.

2. Ability to withstand momentary shock loads.
3. Accuracy of shaft alignment.

4. Low cost of maintenance, as no lubrication is required
while In service.

5. Small overall dimensions.
6. Reliability of service.

/. Easy to mount and erect.
8. Cleanliness.

Disadvantages
1. More noisy at very high speeds.
2. Low resistance to shock loading.
3. More initial cost.
4. Design of bearing housing complicated.



— —

5.3.8. Load Rating ’
11 I 1 wrying capacity of a rolhng clement bearing 1s called load rating. 'There are tu.,
1we Toad O 3 “ -

types of load rating,.

5.3.8.1. Basic Static Load Rating

It is defined as the load acting on a non-rotating bearing under which permanent deformation
of 0.0001 times the ball or roller diameter. The basic static load rating ', i1s used in
calculation when bearings are to rotate at very slow speed or stationary under the load for

extended periods of time. Generally, the values of C, are given in catalogues.

5.3.8.2. Dynamic Load Rating

Dynamic load rating is defined as the radial load in radial bearings (or thrust load in thrust
bearings) which can be carried for a minimum life of one million revolutions. The minimum
life in this definition is the life at which 90% of the bearings will reach or exceed before
fatigue failure. The dynamic load rating is based on the assumption that the inner race is
rotating while the outer race is stationary. The dynamic load rating is usually provided by the

bearing manufacturer.

5.3.9. Equivalent Bearing Load
If a bearing is to be chosen to withstand a combination of radial load (F,) and thrust load (Fa);
on equivalent static load () which causes the square deformation as the combined loads, can
be computed by the formula.

P=(XF,+YF,S

where
X — Radial factor
Y — Thrust factor

S — Service factor.
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Type of rmachinery Service factor

Rotary machine with no impact 1.1 —1.5
Reciprocating machine 1.3—1.9
Machine with pronounced impact, hammer 1.6 -4

mills etc.

The values of factors X, ¥ and S can be obtained from Table 5.3.2 and Table 5.3.3 (also refer
PSGDB 4.4 and PSGDB 4.2).

& - A pair of bearings mounted in tandem

T - A pair of bearings mounted back to back or face to face.

5.3.10. Load-Life Relationship

The relationship between the dynamic load carrying capacity (C), the equivalent dynamic load
(#£) and the bearing life is given by

o= (5)

b = Constant

where

= 3 for ball bearings

= 10/3 for roller bearings

The C/P ratio for corresponding life and speed can be determined by using the graphs in
Figure 5.18 and Figure 5.19 (also refer PSGDB 4.6 and 4.7.)
The relationship between life in million revolutions and life in workin
L = M’L
10°

where L, = Bearing life in hours

g hours is given by

7= Speed of rotation in »pmz

PSS PN SR

SIS SRS S SRR SN
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Roller bearing
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5.3.11. Selection Of Rolling Contact Bearings
The general procedure for the selection of bearings from the manufacture’s catalogue is given

as follows.

(i) Calculate the radial and axial ferces acting on the bearing.

(ii) Calculate the shaft diameter.



(iii) Determine the radial load factor (X) and thrust load factor (Y) from,,the

manufacturer’s catalogue. The values of X and Y for ball and roller bearings are

given Table 5.3.2 (or) in PSGDB 4.4. The values depend upon two ratios (F J

and (C ), where C, is the static load capacity. Select the series (60, 62, 63 ...)

for the given diameter of the shaft and the value of C, found. It is in tables in
PSGDB 4.12 to 4.20.

(iv) Calculate the equivalent dynamic load from the equation
P=(XF,+YF,S
where S = Service factor. It can be obtained from Table 5.3.3 (or in PSGDB 4.2)
(v)

Decide the expected life of the bearing. Convert the expected life in hours into

millions of revolutions.

(vi) Calculate the dynamic load capacity from the equation,

- (5

(vii) Check whether the selected bearing has the required dynamic load capacity. If
yes, the selected bearing is suitable for this purpose. Otherwise, select another

bearing from the next series and go back to step (iii) and continue.



Select a bearing for a 40 mm diameter shaft rotating at 400 rpm. Due to a beve| gear
mounted on the shaft, the bearing will have to withstand a 5000 N radial load and a 399 y

thrust load. The life of the bearing is expected to be at least 1000 hrs.

Given data:
Diameter of shaft = 40 mm
Speed, N =400 rpm
Radial load, F,= 5000 N
Thrust load. F,=3000 N
Life, L, = 1000 /s

© Solution:
F 300

a

F 5000

I




————————
N

Since £, < 0.7, a single row deep groove ball bearing may be suitable.
r

- g

\

For the given diameter of shatt 40mm, from PSGDB 4.13, select SKF6208 bearing. Static load
rating, C, = 1600kgf = 16000N
Dynamic load rating, C = 2280 kgf = 22800 N

Fa _ 3000 _ 375
C, 16000

From Table 5.3.2 or PSGDB 4.4, corresponding to g" = 0.1,875

e = 0.33875 (by interpolation)

F, _ 3000

Since = = 5000 = 0.6 > e, from Table 5.3.2 or PSGDB 4.4, the radial load factor

X = 0.56 and Y = 1.23 (by interpolation).
The service factor is selected from Table 5.3.3 or PSGDB 4.2 as 1.2
Equivalent load,
P=(XF,+YF;)S=(0.56 x 5000 + 1.23 x 3000) 1.2
P=7788N
From graph in Figure 5.18 or PSGDB 4.6, corresponding to 4007pm and 1000Ars of life,

loading ratio,

L = 2.9
P
C=29xP=29x 7788 =22588.2 N
Since the dynamic load rating of the SKF6208 bearing is more than the required dynamic

load capacity, the selected bearing is suitable. Ans



. > . ' 7 A\ ’; / 1}1[
A 30BCO3 deep groove ball bearing is to operate at 1600 rpm and carries 8 kN radial lo

) . . " > nirne the rating
and 6 KN thrust load. The bearing is subjected to a light shock load. Determirie 8

life of the bearing.

(v daial

Bearnyg NP

SOFRC O3

7ot

1600 7
R AN KOO N
o AN QOO0

TR |
Radal toad, F

1 hrust load. &,

& Sodmurion:
trom PSGDR 4,14, tor 30BC 03 (SKF 6306) bearing
C, = 14060 &g/ = 14600 NV

C = 2200 kgf = 22000 N

,,}:_‘L = M = 0_41 1

C 14600

From Table S.3.2 or PSGDB 4.4, corresponding to

g’- =0.411, the value of e = 0.415 (by interpolation).
- . 6000 . _
Since = ——— =0.75 > ¢, from Table 5.3.2 or PSGDB 4.4 _, the radial load factor X =

8000
is selected from

Q.56 and thrust load factor ¥ = 1.083 (by interpolation). The service factor

Table S.3.3 or PSGDB 4.2,
S=13to19say 1.5
Equivalent load. P = (X F, + Y Fa) §S=(0.56 x 8000 + 1.083 x< 6000) 1.5

P =16467 N
ki : 22000 _
From graph in Figure 5.18 or PSGDB 4.6, corresponding to 1600»pr2 and - - m
.34, the rating life of the bearing is 25 Ars.
We know that
60n L
L= % - 60><1160060>.< =2 2.4 million revolutions Ans. ~



4 ball bearing for drilling machine spindle is rotating at 3000 rpm. It is subjected to a
adial load 07 2500 N and an axial thrust of 1500 N. It is to work 50 hours per week for one
vear. Design a suitable bearing if the diameter of the spindle is 40 mm.
Given data:

Diameter of shatt, d = 40 mm

Radial load. F,=2500 N

T% -

[hrust load. F,= 1500 N

(/i

peed. n = 3000 rpm

1
8

re

te. L. =30 hrs per week for one year = 2600 hrs

o\

< Solution:

From PSGDB 4.13, for d = 40 mm, select a bearing SKF6208. The value of C, = 16000 N and
C=22800 N

F -
Thorafls —2 =200
~ 16000

= 0.00375

From PSGDB 44, corresponding to F,/C, = 0.09375, e = 0.30 (by interpolation)
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- X=0.56 and Y = 1.425 (by interpolation)
Assume service factor, S=1.2
Equivalent load, P = (XF,+YF,)S=(0.56 x 2500 + 1.425 x 1500) 1.2 =4245 N
From PSGDB 4.6, corresponding to 3000 rpm and 2600 hrs
Loading ratio,

2 =7.8
' o

C=7.8x4245=33111 N
which is more than the load capacity of SKF6208. Hence, select another series of bearing. Let
us select SKF6408 which has C, = 38000, C = 50000 &V

F,_ 1500

= =0.03947
C, 38000

e

X=0.56and Y=1.8
Equivalent load, P = (0.56 x 2000 + 1.8 x 1500) 1.2 =4584 N

We know that% =7.8

C=7.8x4584 =357552N
which is less than the value of C for SKF6408. Hence, it is suitable. Ans. "
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